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ABSTRACT 

The  following  report  provides  the  design  procedures  for  a  Four 
Square  Gear  Tester.  The  primary  purpose  of  the  tester  is  to  investigate 
noise  generation  in  spur  gears  that  result  from  two  major  sources: 

1)  Dynamic  Loads  and  2)  Fluid  Dynamics. 

The  tester  is  designed  to  operate  at  9000  rev/min  with  an  applied 
shaft  load  of  301.11  in- lbs.  The  design  includes  mechanical  components, 
such  as : 

1)  A  dc  shunt-wound  electric  motor  (with  SCR)  which  will  allow 
testing  to  be  performed  over  wide  range  of  loading  as  well  as 
speed, 

2)  A  speed  increasing  mechanism  consisting  of  pulleys  and  V-belts 
to  provide  the  desired  range  of  speed  and  torque, 

3)  Air  bearings  which  are  intended  to  minimize  extraneous 
vibrations  and  provide  good  shaft  alignment, 

4)  Flexible  shaft  couplings,  with  a  low  degree  of  dynamic 
imbalance  and  bending  force  transmission,  to  accommodate  both 
angular  and  parallel  shaft  misalignment, 

5)  Gear  mounts,  also  with  low  dynamic  imbalance  and  with  the 
required  torque  rating,  to  fasten  the  gears  to  the  shaft;  and 

6)  Precision  ground  steel  shafts  which  will  provide  center-to- 
center  accuracy  and  therefore  minimize  vibration. 

In  addition  a  pressure  -  spray  lubrication  system  was  also  selected 
to  cool  and  lubricate  the  mating  gear  teeth.  In  order  to  measure  the  gear 
noise  and  vibration,  an  instrumentation  system  consisting  of: 

1)  A  high  precision  tachometer-generator  for  recording 
shaft  speed, 


2)  An  accelerometer  to  measure  shaft  vibrations, 

3)  A  hydrophone  to  measure  the  gear  noise;  and 
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4)  Strain  rosettes  coupled  with  a  slip  ring  to  measure 
shaft  torsional  strain  and  bending. 

was  selected.  The  report  also  proposes  the  use  of  non- intrusive  electro- 
optical  techniques  to  measure  both  vibration  and  hydrodynamic  sources  of 
gear  noise. 
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1.0.  INTRODUCTION 


The  following  report  presents  the  design  of  a  Four  Square  Gear 
Tester  and  describes  the  procedures  used  in  the  design.  The  primary 
purpose  of  the  tester  is  to  investigate  noise  generation  in  spur  gears 
that  result  from  two  major  sources:  1)  dynamic  forces  arising  from  basic 
gear  geometry  and  loading  (structural  dynamics) ,  and  2)  pressure  and  flow 
fields  surrounding  the  mesh  region  (fluid  dynamics) .  The  test  conditions 
are  the  following: 

1.  31  teeth  meshing  with  31  teeth 

2.  8.5  diametral  pitch 

3.  maximum  torque  on  shaft:  301.11  in-lbs 

4.  shaft  speed:  9000  rpm 

when  the  testing  pitch  line  velocity  is  8593.127  fpm  and  the  intensity  of 
tooth  loading  or  K  factor  is  67.87  psi.  The  report  also  contains: 

•  A  brief  discussion  of  gear  noise  and  sources  of  gear  noise, 

•  A  critique  of  other  available  methods  of  testing  gears  under 
load, 

•  The  basis  for  the  method  selected  for  gear  testing, 

•  A  description  of  the  selected  mechanical  components  and  the 
basis  for  their  selection, 

•  A  description  of  the  selected  lubrication  system  and  the  basis 
for  its  selection, 

•  A  description  of  the  selected  standard  instrumentation 
(acoustic,  strain,  and  acceleration)  and  the  basis  for  their 
selection, 

•  A  brief  discussion  of  the  possible  non- intrusive  electrooptical 
(EO)  techniques  that  can  be  employed  to  measure  both  vibration 
and  flow  sources  of  gear  noise, 
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•  The  mechanical  design  of  the  Four  Square  Gear  Tester  which 
includes  assembly  drawings,  and 

•  A  list  of  equipment  along  with  the  cost  of  the  components. 

1.1  Gear  Noise  and  Sources  of  Gear  Noise 

The  subject  of  gear  noise  has  been  a  major  area  of  concern  for  many 
decades  both  from  an  environmental  safety  point  of  view  and  for  improving 
machinery  performance.  A  large  component  of  machinery  noise  results  from 
the  structural  vibrations  set  up  as  a  result  of  the  meshing  action  of 
gears.  This  noise  is  either  tonal  or  repetitively  pulsed  and  therefore  is 
easily  discernible  in  the  area  surrounding  a  particular  machine.  This 
noise  field  can  be  very  unhealthful.  The  noise  signature  may  also  give  an 
indication  of  excessive  wear  and  imminent  failure  of  machinery  components. 
Figure  1.1  shows  the  typical  noise  characteristics  of  meshing  spur  gears. 

It  is  obvious  from  the  upper  portion  of  the  figure  that  gear  noise 
occurs  primarily  in  frequency  bands  that  are  multiples  of  the  tooth  mesh 
frequency.  The  lower  portion  of  the  figure  shows  a  plot  of  the  output  as  a 
function  of  speed  for  the  total  A  weighted  spectrum  and  the  first  two  tooth 
meshing  components.  Note  that  the  output  should  be  increased  by  26  dB  to 
relate  it  to  one  micropascal.  The  white  noise  or  ghost  component  of  the 
spectrum  is  thought  to  result  from  the  tooth  surface  imperfections  created 
during  the  gear  forming  process  [1,2].  Hence,  it  is  clear  from  Figure  1.1 
that  meshing  spur  gears  operating  at  fairly  high  speeds  have  an  intense 
noise  signature  with  a  highly  structured  spectrum. 

The  two  most  important  mechanisms  involved  in  the  generation  of  gear 
noise  and  vibration  are:  1)  Dynamic  Loads,  and  2)  Fluid  Dynamics.  The 
dynamic  effects  on  gears  are  due  to  such  factors  as: 

'  load  sharing  and  sliding  of  gear  teeth 

•  tooth  to  tooth  geometric  variability  of  a  given  gear 


dB  re  2  x  10  N/m 
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•  damping  characteristics  of  the  gear  material 

•  machining  errors  such  as: 

tooth  profile  error 
pitch  circle  run-out 
lead  angle  error 
tooth  spacing  error 

•  assembly  errors  such  as: 

improper  mounting  of  the  gears 
angular  shaft  misalignment 
properties  of  the  lubricating  oil 


! 
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These  factors  set  up  tooth  and  gear  body  vibrations  which  are 
transmitted  to  the  gear  box  via  gear  shafts  and  bearings  and  through 
airborne  radiation.  The  related  noise  is  subsequently  radiated  to  the 
surroundings  by  the  gear  case.  At  this  point,  it  is  important  to  realize 
that  the  original  vibrations  which  set  up  the  acoustic  field  in  the  first 
place  are  often  masked  by  the  structural  dynamics  (i.e,,  transfer 
function)  of  the  gear  case  and  its  mounts  [1]. 

The  instantaneous  dynamic  tooth  forces  that  develop  due  to  load 
sharing  alone  is  shown  in  Figure  1.2.  Curve  a-b-c  is  the  initial  loading 
curve  that  results  in  an  acceleration  and  deformation  of  the  driven 
gears.  If  the  acceleration  force  is  large  enough,  tooth  separation  can 
occur  (line  c-d) .  When  the  teeth  regain  contact  there  is  a  sudden 
increase  in  force  due  to  impact  (W^) .  The  force  curve  then  drops  to  the 
average  load  (line  f-g)  and  is  further  decreased  as  the  teeth  disengage 
[1,3].  Hence,  it  is  this  complex  variation  of  force  with  time  that  leads 
to  gear  body  vibration.  The  dynamic  situation  is  further  complicated  when 
factors  such  as  tooth  to  tooth  geometric  variability,  damping 
characteristics  of  the  gear  material,  .  .  .,  etc.,  are  taken  into 
consideration. 

The  one  noise  source  which  has  been  largely  ignored  but  which  is  of 
significant  importance  is  flow- induced  noise.  Flow- induced  noise  results 


Instantaneous  Tooth  Force 


from  the  compression  of  the  air  and  oil  mixture  trapped  between 
the  meshing  gear  teeth.  This  type  of  noise  source  is  especially  found 
in  high-speed,  wide-face,  spur  gears  where  the  air  and  oil  mixture  must 
travel  a  relatively  large  distance  in  a  short  period  of  time  [1]. 

Ignoring  the  effects  of  compressibility  of  the  trapped  gas,  Mach  numbers 
in  excess  of  0.9  have  been  attained  by  past  investigators  for  a  pitch 
line  velocity  of  4720  fpm  [1,4].  If  compressibility  is  considered,  a  much 
more  complicated  situation  results.  The  complexity  arises  from  the  build 
up  of  shock  waves  in  the  intra- tooth  region.  Shock  waves  result  as  the 
pressure  in  this  region  rises  above  the  critical  pressure  (the  critical 
pressure  of  air  at  room  temperature  is  29  psi).  And,  if  the  meshing  rate 
is  fast  enough  a  shock  tube  effect  may  also  be  present  in  which  the  shock 
and  rarefaction  waves  are  radiated  from  the  intra-tooth  region  to  the 
gear  casing  [1]. 

It  is  readily  apparent  from  the  above  discussion  that  the  study  of 
gear  noise  and  vibration  does  not  lend  itself  to  simple  analysis.  Much 
of  the  research  done  in  the  past  has  been  of  an  empirical  nature.  That 
is,  certain  modifications  to  the  gear  box  transmission  are  made,  and 
acoustic  measurements  are  compared  with  similar  measurements  on  an 
unmodified  transmission  [1].  Another  type  of  empirical  study  has  been  to 
introduce  known  errors  onto  the  gear  set  and  measure  changes  in  the 
acoustic  signal  as  has  been  done  by  Yuruzume,  Mizutani,  and  Tsubuku  of  the 
Mechanical  Engineering  Laboratory  of  Japan.  In  their  study,  five  kinds  of 
tooth  profile  errors  such  as  convex,  concave,  and  wavelike,  were  formed  on 
spur  gears  by  grinding.  They  found  that  test  gears  having  concave  tooth 
profile  errors  contained  many  harmonics.  In  particular,  it  was  found  that 
sound  levels  at  the  second,  third,  and  fourth  harmonics  were  high  [1,5]. 


While  fundamental  analytical  approaches  can  be  taken,  they  can  only 
be  related  indirectly  to  experimental  conditions  through  acoustic  and 
indirect  dynamic  measurements.  Furthermore,  an  analytical  model  may  not 
be  sufficiently  thorough  and  complete  to  account  for  all  the  factors 
affecting  the  computed  data. 

As  of  today  there  has  been  no  experimental  work  concerning  the  gas 
dynamic  effects  related  to  gear  noise.  A  continuing  problem  has  been  the 
difficulty  in  performing  direct  measurements  of  the  vibrations  which  are 
the  ultimate  sources  of  gear  noise.  With  the  advent  of  lasers  and  other 
modern  electrooptical  techniques,  it  now  appears  possible  to  perform 
direct  measurements  concerning  both  the  structural  and  fluid  dynamic 
effects  related  to  gear  noise.  For  instance,  an  inexpensive  laser 
vibrometer  can  be  used  to  measure  the  local  velocity  of  any  point  on  the 
gear.  Speckle  Interferometry  can  be  used  to  study  the  vibration  of  the 
gear  set  due  to  the  dynamic  forces  arising  from  the  basic  gear  geometry 
and  loading;  and  Laser  Doppler  Velocimetry  (LDV)  can  be  used  to 
characterize  the  flow  fields  surrounding  the  gear,  particularly  near  the 
gear  mesh  region  [1].  Section  1.3  provides  a  summary  of  the  possible  EO 
techniques  that  are  being  considered.  This  section  also  provides  a  list 
of  selected  acoustic,  strain,  and  acceleration  instrumentation. 

1.2.  Methods  of  Testing  Gears  Under  Load 

This  section  will  present  the  two  set-ups  most  often  used  to  study 
gear  noise  and  vibration,  namely:  1)  The  standard  gear  noise  testing 
machine  which  requires  a  dynamometer  to  load  the  gears,  and  2)  The  Four 
Square  Gear  Tester.  Section  1.2.1  will  describe  the  standard  testing 
machine;  Section  1.2.2  provides  the  advantages  of  using  the  Four  Square 
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Method;  and  Section  2.2.1  provides  a  general  description  of  the  Four 
Square  Gear  Tester. 

1.2.1.  The  Standard  Gear  Testing  Machine 

The  standard  gear  testing  machine  requires  a  large  dynamometer  to 
load  the  gears.  A  similar  machine  was  used  by  Yuruzume ,  Mizutani,  and 
Tsubuku  to  study  transmission  errors  and  noise  of  spur  gears  having  uneven 
tooth  profiles.  As  shown  in  Figure  1.3,  a  motor  drives  the  test  gears 
through  an  intermediate  flywheel  which  stabilizes  the  rotation  of  the  test 
gears.  An  electric  dynamometer  loads  the  master  gear  through  another 
flywheel.  This  flywheel  eliminates  the  influence  of  the  dynamometer  on 
the  transmission  to  the  gears.  The  test  section  is  placed  in  an  anechoic 
chamber  and  covered  with  glass  wool  to  reduce  or  eliminate  noise  and 
vibration  that  are  not  under  investigation.  The  microphone  measuring  the 
noise  is  mounted  on  a  spring  and  placed  at  a  distance  of  eight  inches  from 
the  test  gears  [5], 

This  type  of  machine  is  not  only  very  expensive  but  can  be  highly 
inaccurate.  The  dynamic  imbalance  of  the  large  flywheels  could  cause 
dynamic  tooth  loads  to  such  an  extent  that  premature  failure  of  the  gears 
is  unavoidable.  The  imbalance  could  also  be  the  source  of  extraneous 
noise  and  vibration. 

Unlike  the  standard  gear  testing  machine,  the  Four  Square  Gear 
Tester  is  highly  accurate  due  to  the  simplicity  of  the  four  square 
arrangement.  The  gears  are  loaded  by  means  of  a  split  coupling  and  driven 
by  a  variable  speed  electric  motor.  An  automatic  and  continuous 
pressure  -  spray  lubrication  system  cools  and  lubricates  the  mating  teeth 
surfaces.  The  test  section  is  acoustically  and  vibrationally  isolated 
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from  the  drive  section  via  an  acoustic  barrier,  shaft  seals,  and  flexible 
shaft  couplings.  And,  air  bearings  keep  extraneous  noise  and  vibration  to 
a  minimum. 

Strain  rosettes  and  a  slip  ring  are  mounted  on  one  of  the  test 
section  shafts  to  measure  the  shaft  torsional  strain.  These  rosettes  are 
also  capable  of  measuring  shaft  bending.  Hydrophones  and  accelerometers 
measure  the  gear  noise  and  shock  and  vibration  of  the  system,  respectively. 


1.2.2.  The  Four  Square  Gear  Tester 


The  Four  Square  Method  of  testing  gears  was  selected  for  the 
following  primary  reasons: 


•  Accuracy: 

Due  to  the  simplicity  of  the  four  square  arrangement  it  is 
possible  to  construct  such  a  device  with  a  high  degree  of 
accuracy,  thereby  reducing  or  eliminating  extraneous  noise 
and  vibration  [1]. 

•  Economical: 

The  power  source  need  only  overcome  the  frictional  losses  in 
the  set-up  and  therefore  a  small  size  motor  can  be  employed 
to  drive  the  gears.  In  addition,  the  gears  are  loaded  by 
means  of  a  split  coupling  (torque  flanges)  hence,  eliminating 
the  need  for  a  large  and  expensive  dynamometer. 

•  Efficiency: 

The  power  transmitted  by  the  gear  box  is  effectively 
recirculated . 


1.3.  Instrumentation 

A  recurring  problem  with  experimental  work  has  been  the  difficulty 
in  performing  direct  measurement  of  gear  noise  and  vibration.  We  propose 
to  measure  both  the  vibration  and  flow  sources  of  gear  noise  using  modern 
electrooptical  techniques  coupled  with  the  standard  acoustic,  strain,  and 
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acceleration  instruments.  The  selected  standard  instruments  are  the 
following : 

1)  Strain  Rosettes  and  a  Slip  Ring:  To  measure  shaft  torsional 
strain  and  bending. 

2)  Accelerometer:  To  measure  shock  and  vibration  of  the  system. 

3)  High  Precision  Tachometer:  To  monitor  shaft  velocity. 

4)  Hydrophone:  To  measure  the  gear  noise. 


The  possible  EO  techniques  that  can  be  employed  to  investigate 
gear  vibrations  due  to  structural  and  fluid  dynamics  are  the  following: 

1)  Speckle  Interferometery :  A  whole  field  measuring  technique 
for  structural  dynamics  that  allows  for  the  measurement  of 
gear  body  deformations  (in  the  plane  of  the  gear)  that 
result  from  the  time  varying  tooth  loads  in  the  basic 

gear  geometry  and  machining  errors  such  as  tooth  profile 
error,  pitch  circle  runout,  and  tooth  spacing  error  [1]. 

2)  Laser  Vibrometry:  A  point  to  point  measuring  technique  for 
structural  dynamics.  It  is  a  non- intrusive  measuring 
technique  to  study  gear  noise  due  to  dynamic  forces  arising 
from  basic  gear  geometry  and  loading. 

3)  Laser  Inferoferometry .  A  whole  field  measuring  technique 
that  can  be  used  to  characterize  the  flow  field  surrounding 
the  gear  mesh.  In  particular,  a  Mach  Zehnder  interferometer 
can  measure  the  mass  density  field  in  a  plane  parallel  to  the 
axis  of  gear  rotation  and  detect  the  presence  of  shock  waves 
[1]. 

4)  Laser  Doppler  Velocimetry  (LDV)/Laser  Doppler  Anamometry  (LDA) : 
This  is  a  technique  for  point-to-point  measurement  of  fluid 
velocity.  It  is  non- intrusive  and  can  be  used  to  measure  the 
velocity  of  air  and  oil  mixture  escaping  from  the  mesh  region. 


2.0.  DESIGN  OF  THE  POUR  SQUARE  GEAR  TESTER 
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This  section  will  describe  the  mechanical  design  of  the  Four 


Square  Gear  Tester.  Also  included  in  this  section  are:  1)  Design  of  the 


test  and  drive  gears  and  their  mechanical  and  thermal  properties, 


2)  A  general  description  and  layout  of  the  tester,  3)  Description  of  the 


selected  mechanical  components,  such  as,  the  motor,  pulleys,  bearings, 


gear  mounts,  couplings,  and  shafts,  and  their  basis  of  selection,  and  4) 


Description  of  the  selected  lubrication  system,  and  the  basis  of  its 


selection. 


2.1.  Gear  Desit 


The  symbols  defined  below  are  used  in  the  calculations  for  this 


section. 


exposed  surface  area  of  gear  case 
A  -  2.977  ft2 


gear  face  width 
b  -  1.333  in 


surface  condition  factor 
Cf  -  1.0  [63 


hardness  ratio  factor 
C„  -  1.0  [6] 


life  factor 
CL  -  1.0  [6] 


load  distribution  factor 
Cm  -  2.5  [6] 


over  load  factor 

C0  -  1.01  [6] 


elastic  properties  coefficient 


elastic  prop 
Cp  -  2300  (6 
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safety  factor 
C*  -  1.25  [6] 

size  factor 
Cs  -  1.0  [6] 

temperature  factor 
CT  -  1.0  [6] 

dynamic  factor 
Cv  -  0.70  [6] 

standard  center  distance 
C,  -  3.6471  in 

non-standard  center  distance 

pitch  diameter 
d  -  3.6471  in 

gear  diameter 
D  -  3.883  in 

Youngs  Modulus  of  Steel 
E  -  30  x  106  psi 

average  coefficient  of  friction 
f  -  0.038 

allowable  load  based  on  bending 
dynamic  tooth  load 
tooth  load 

Fn  -  177.94  lbs  (see  Low  Friction  Bearings) 

tangential  load  on  gear  tooth 

Fc  -  164.98  lbs  (see  Low  Friction  Bearings) 

wear  load  that  arises  from  compressive  stresses 
between  meshing  gear  teeth 

horsepower 

geometry  factor 
I  -  0.85  [6] 

an  approximate  wear  load  factor 
Kg  -  300  [6] 

length  of  beam  or  the  whole  depth  of  the  gear  tooth 
L  -  0.2647  in 

gear  teeth  ratio 
Mg  -  1  [6] 
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number  of  teeth 
N  -  31 

gear  speed 
n  —  9000  rpm 

diametral  pitch 
P  -  8.5  teeth/in 

temperature  rise  of  gear  case 

outside  radius 
r0  -  1.9415  in 

pitch  radius 
r  -  1.8235  in 

allowable  contact  stress  number 
Sac  -  145,000  psi  [6] 

estimated  operating  temperature  of  the  gear  set  (with 
oil  cooling) 
t,  -  250°F 

initial  temperature  of  gear  set 
t2  -  80°F 

arc  tooth  thickness  at  pitch  radius 
T  -  0.1831  in 

unit  load  (psi) 

pitch  line  velocity 

Lewis  form  factor 
Y  -  0.611  [6] 

an  approximate  bending  stress  of  9310  steel 
ob  -  32,000  psi  [9] 

calculated  contact  stress  number  (psi) 

pressure  angle 
0  -  22  degrees 

pressure  angle  at  pitch  radius 
pressure  angle  at  meshing  position 
tooth  expansion 

coefficient  of  linear  thermal  expansion  of  9310  steel 
6.5  x  lO'V'F  [8] 


a 
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The  test  and  drive  gears  used  in  our  study  are  typical  of  high  speed 
turbomachinery  gears.  Both  the  test  and  drive  gears  are  9310  steel  spur 
gears  of  the  same  size.  The  gear  drawing  is  shown  in  Figure  2.1.  The 
basic  dimensions  and  other  pertinent  data  of  the  gears  are  given  below 
(Table  2.1). 


Table  2.1.  Test  and  Drive  Gear  Data  (Dimensions  in  Inches). 


pitch  diameter 

3.6471 

base  circle  diameter 

3.3815 

number  of  teeth 

31 

diametral  pitch 

8.50  teeth/ inch 

pressure  angle 

22° 

finished  circular 

0.1831 

face  width 

1.3330 

tooth  thickness 
(honed) 

0.1821 

outside  diameter 

3.8830 

tooth  circle  diameter 

3.3510 

3.3450 

circular  pitch 

0.3696 

root  radius 

0.0570 

Approximate  values  for  the  working  depth,  whole  depth,  and  clearance 
of  the  gears  are  calculated  below.  The  working  depth  is  the  depth  of  the 
engagement  of  two  gears,  that  is,  the  sum  of  their  addendums.  The 
working  depth  is  given  by  [6] 

2  2 

working  depth  s  p  =  g— jj  =  0.2353  in. 

The  whole  depth  is  the  total  depth  of  a  tooth  space,  and  is  equal  to 
the  addendum  plus  dedendum.  The  whole  depth  is  given  by  [6] 

whole  depth  =  =  T^P-  =  0.2647  in. 

The  clearance  of  a  given  gear  is  the  amount  by  which  the  dedendum 
exceeds  the  addendum  of  its  mating  gear.  The  clearance  is  given  by  [6] 


Firure  2.1  Test  and  Drive  Gear 
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clearance  -  — '  —  -  -  0.02941  in 

r  o  .  j 

The  mechanical  properties  and  the  chemical  composition  of  9310 
steel  are  given  in  Tables  2.2  and  2.3,  respectively. 

Table  2.2.  Mechanical  Properties  of  AISI  E9310  Steel  [7]. 


tooth,  the  pitch  line  velocity  of  the  gears  must  be  known.  The  pitch  line 
velocity  of  the  gears  is  given  by  [6] 


VP-  HlAl^lL90gOK  8593.271  fpm 


For  a  pitch  line  velocity  that  is  greater  than  4000  fpm,  the 
dynamic  tooth  load  is  given  by  [6] 


r  /  21 
Fd  -  (  7g 


Ft  -  (78  +  (164. 98)  -  361.052  lbs, 


Since  F^  is  greater  than  F^,  the  design  for  beam  strength  of  the  gear 
tooth  is  safe  [6]. 


Surface  Wear  Strength  of  the  Gear 

Two  similar  equations  are  used  to  determine  the  surface  wear 
strength  of  the  gear.  The  first  of  these  is  the  Buckingham  equation  and 
the  second  is  the  AGMA  (American  Gear  Manufacturers  Association)  formula. 
The  Buckingham  equation  is  given  by  [6] 


Fw  -  d  b  Mg  Kjt  -  (3 . 6471)  (1.333)(1)  (300)  -  1458.475  lbs. 


The  AGMA  formula  for  determining  gear  safety  as  far  as  wear  is 
concerned  is  given  below.  AGMA  specifies  that  the  calculated  stress 
number,  ac,  must  be  less  than  or  equal  to  an  allowable  contact  stress 
number,  Sac ,  which  has  been  modified  by  several  correction  factors  or  [6] 


ac  < 


CL  CH 


'T  '■'R 


where 


20 


and 


ac 


(l.OXl.O) 
'(1.0) (1.25) 


) (145 , 000) 


116,000 


Since  the  left  side  of  the  equation  is  less  than  the  right  side  (27,600  < 
116,000),  the  gears  are  safe  as  far  as  wear  is  concerned  [6], 


Indices  of  Tooth  Loading 

The  indices  that  are  most  important  in  gear  design  are  the  unit 
load,  from  the  standpoint  of  tooth  strength,  and  K- factor,  from  the 
standpoint  of  tooth  surface  durability.  The  higher  the  unit  load  index, 
the  more  risk  of  tooth  breakage,  and  the  higher  the  K- factor,  the  more 
risk  of  tooth  pitting  (a  fatigue  phenomenon  caused  by  stresses  exceeding 
the  endurance  limit  of  the  gear  material).  Furthermore,  the  load  indices 
show  the  intensity  of  loading  that  the  gear  teeth  are  trying  to  carry. 

The  unit  load  index  is  derived  from  the  Lewis  equation  for  beam  strength, 
and  K-factor  is  based  on  the  Hertz  equation  (or  contact  stress  formula). 
The  unit  load  is  determined  by  [10] 

UL  “  (£)  Ft  “  (y^)  (164.98)  -  1052  psi. 

The  K-factor  is  given  by  [10] 


Fe  M  ,  i 

K“  -  < 


164.98 


M  „ 


(3.6471)  (1.333) 


)(M-i)  -  67-87  psi 


The  contact  stress  number,  ac ,  can  also  be  determined  by  using  the 
K-factor,  as  follows  [10]: 


(0 . 70) (E) 


m2  (cos  <£)(sin  4>) 


(0.70)  (30  x  106) 

2  (cos  22) (sin  22 


2 


Note  Chat  this  value  is  greater  than  the  contact  stress  number  calculated 
earlier.  Nevertheless,  the  gear  design  is  still  safe  as  far  as  wear  is 
concerned. 


Center  Distance 


The  gear  chosen  for  our  study  is  a  planet  gear  that  is  not  intended 
to  mesh  with  itself.  It  is  used  in  an  epicyclic  gear  train.  On  one  side 
the  planet  meshes  with  the  sun,  while  on  the  other  side  (180  degrees  away) 
it  meshes  with  the  ring  gear.  A  center  distance  based  on  drawing  pitch 
diameter  would  be  too  tight  or  too  loose.  Therefore,  the  center  distance 
had  to  be  made  non-standard.  The  non-standard  center  distance  is  given  by 
[11] 

cos 

C2  -  < - 7~)  c, 

t  COS  4>Z  1 

I 

) 

|  where  the  pressure  angle  at  meshing  position  (^2)  can  be  determined  by  the 

I 

[  following  equation  [11]: 


1 

where 


inv  4> 2 


2 (NT  -  rrr) 
4  Nr 


inv 


inv  <t>y  -  tan  ^  -  4>y  -  0.020053  radians. 

Hence,  inv  <j>2  -  0.019587  and  <f>2  -  21.835  degrees.  Substituting  the  value 
of  4> 2  into  the  equation  for  non-standard  center  distance  yields,  C2  - 
3.64288  inches.  If  an  arc  tooth  thickness  (T)  of  0.1821  in  is  used,  then 
the  non-standard  center  distance  is  3.64036  inches. 


Efficiency  of  the  Gears 

The  over-all  efficiency  of  the  gears  are  dependent  on  three  types 
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of  losses:  1)  gear-mesh  losses,  2)  bearing  losses,  and  3)  windage 
losses.  Since  air  bearings  are  employed  in  our  test  rig,  torque  loss,  and 
therefore  bearing  loss,  will  be  very  small  and  hence,  neglected.  The 
percent  efficiency  for  the  gears  based  upon  the  losses  of  the  gear  mesh  is 
given  by  [12] 

E  -  100  -  PL 

where  PL  -  percent  power  loss.  The  percent  power  loss  is  determined  by 
the  following  equation  [12]: 

P  (50)(f)  C«l  +  Hi)  .  ,(50) (0.038)  A  +  K 
L  -  (  cos  t>  Hs  +  Ht  ;  V  cos  22  MHS  +  Ht; 

where 


Hs  -  specific  sliding  velocity  at  start  of  approach  action 

and 

Hc  -  specific  sliding  velocity  at  end  of  recess  action 


The  specific  sliding  velocities  can  be  determined  by  [12] 


Mc  +  i 

H*  -  (— M T)(N 


(  — )2  -  cos2  <f>  -  sin  <f>) 


Hc  .  (^  +  1)(, 


(r^)2  -  cos2  <j>  -  sin  <f> ) 


Since  the  gear  ratio,  Mc ,  is  unity,  Hs  -  Ht  -  C.2975.  Hence,  PL  - 
0.609%.  Therefore,  E  -  99.39%. 

A  crude  estimation  of  the  windage  losses  of  the  gear  box  is  given 

by  [12] 


n3  D5  b0-7  (9000)3(3.883)5 (1.333)°  7 

"  100  x  10'  >  100  x  1015 


0.007869  hp. 


Rise  in  Temperature  of  Gear  Case  and 


Thermal  Expansion  of  Gear  Tooth 


In  high  speed  gears,  the  heat  developed  from  frictional  losses  can 
be  very  high.  Although  the  actual  temperature  of  the  gears  is 
considerably  higher  than  that  of  the  case,  the  temperature  of  the  gear 
case  is  an  indication  of  the  temperature  of  the  gears  [11].  The  rise  in 
temperature  of  the  gear  case  is  strongly  dependent  upon  the  flow  of  air 
around  the  case.  In  still  air,  the  temperature  rise  of  the  gear  case  is 


’.1 


given  by  [11] 


:Fn)(vp)  (0.01)  (177.94)  (8593.271] 


(26) (A) 


(26) (2.977) 


-  197.55'F 


When  there  is  free  natural  circulation  of  air  around  the  case,  the 
temperature  rise  is  given  by  [11] 

o  _  (0-01)(Fn)(vp)  (0,01).(177.94)(8593.271) 

M  (35) (A)  (35) (2 .977)  1/3 

High  speed  gears  are  often  made  with  sufficient  backlash  so  that 
the  teeth  will  not  bind  when  the  gears  expand  from  frictional  heat  [11]. 
The  tooth  expansion  of  the  gear  can  be  estimated  by  treating  the  gear 
tooth  as  a  cantilever  beam.  In  equation  form,  the  tooth  expansion  is 
determined  by  [13] 


6  -  a  L  (t1-t2)  -  (6.5  x  10 ’6 ) (0 . 2647) (250- 80) 


-  2.9242  x  10'4  in 


2.2.  Mechanical  Design  of  the  Tester 


The  design  of  our  test  rig  includes  purchased  mechanical 
components,  such  as,  the  shafts,  bearings,  couplings,  gear  mounts,  pulleys 
and  belts,  and  an  electric  motor.  The  design  also  includes  a  purchased 


v.y, 
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lubrication  system  to  cool  and  lubricate  the  mating  gears.  Section  2.2.1 
provides  a  general  layout  and  description  of  the  tester;  Section  2.2.2 
gives  a  description  of  the  selected  mechanical  components  and  the  basis 
for  their  selection;  and  Section  2.2.3  describes  the  selected  lubrication 
system  and  the  basis  for  its  selection. 

2.2.1.  General  Layout  and  Description  of  the 
Four  Square  Gear  Tester 

A  schematic  of  the  tester  is  shown  in  Figure  2.2.  As  previously 
mentioned  the  Four  Square  Gear  Tester  makes  use  of  the  power  recirculating 
principle  whereby  a  known  torque  is  applied  by  means  of  a  split  coupling 
or  torque  flanges.  The  torque  is  maintained  by  pinning  the  flanges  at  a 
specified  relative  angle  corresponding  to  the  desired  torque.  Hence, 
tooth  loading  is  achieved  by  torsional  strain  energy  of  the  shaft  applied 
through  the  torque  flanges  [1].  In  our  study,  the  gears  will  be  loaded  to 
a  maximum  of  301.11  in- lbs. 

The  gears  are  driven  by  a  variable  speed  electric  motor  which 
allows  testing  to  be  performed  over  a  wide  range  of  loading  as  well  as 
speed.  A  speed  increasing  drive  consisting  of  pulleys  and  V-belts  provide 
the  desired  range  of  speed  (the  gears  will  be  driven  at  speeds  up  to  9000 
rpm)  and  torque.  The  test  gears  are  acoustically  and  vibrationally 
isolated  from  the  drive  gears  via  an  acoustic  barrier,  shaft  seals,  and 
flexible  shaft  couplings.  Precision  ground  shafts  transmit  the  necessary 
power  to  the  gears.  Air  bearings  keep  the  extraneous  noise  level  to  a 
minimum.  And,  the  gear  mounts  fasten  the  gears  to  the  shafts. 

A  pressure-spray  oil  lubrication  system  with  a  central  reservoir 
simultaneously  serves  both  test  and  drive  sections.  Since  the  system  is 
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not  of  an  oil  re-circulating  type,  the  sprayed  oil  will  be  collected  in  an 
oil  pan  located  at  the  bottom  of  each  gear  casing. 

Because  the  applied  torque  is  known  to  vary  as  the  gears  wear  [1], 
strain  rosettes  connected  to  a  slip  ring  are  mounted  on  the  gear  shaft  to 
measure  shaft  bending  and  twisting.  A  hydrophone  (inserted  via  the 
ceiling  of  the  test  section  casing)  is  employed  to  measure  the  gear 
noise.  It  is  planned  that  sound  levels  will  be  measured  at  frequencies 
which  are  up  to  seven  times  the  tooth  mesh  frequency.  Since  the  tooth 
mesh  frequency  will  be  on  the  order  of  3500  Hz,  a  minimum  hydrophone  pick 
up  distance  of  four  inches  is  required  [1].  And  an  accelerometer  mounted 
on  the  shaft  is  used  to  measure  shock  and  vibration  of  the  set-up.  The 
view  ports  are  specially  designed  to  accommodate  the  possible  non- 
intrusive  EO  techniques  that  were  mentioned  earlier. 

Using  the  standard  measuring  techniques  described  above,  the 
correlation  of  transmission  error  and/or  gear  box  strain  with  sound 
level  over  a  wide  range  of  speed,  load,  running  time,  and  lubricant 
conditions  will  be  made.  It  is  expected  that  noise  waveforms  should  show 
a  peak  related  to  the  strain  waveforms  and  a  large  change  in  sound  level 
at  the  time  of  transition  from  engagement  of  one  pair  of  teeth  to 
another.  These  acoustic  signatures  will  then  be  correlated  with  detailed 
vibration  and  flow  measurements  using  electrooptical  techniques  [1], 

A  substantial  effort  is  made  to  reduce  or  eliminate  sound  and 
vibration  that  are  not  under  investigation.  The  entire  drive  section 
including  the  drive  motor  and  drive  pulley  and  belt  assembly  along  with 
the  main  components  of  the  lubrication  system  are  placed  in  an  anechoic 
chamber.  The  drive  and  test  section  gear  casing  and  components  are 
mounted  on  top  of  their  respective  fabricated  steel  stands.  These  stands 
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are  themselves  mounted  on  isolation  pads  to  reduce  any  cross  influence 
between  the  stands  and  other  stands  within  the  laboratory. 


2.2.2.  Component  Selection 


The  Four  Square  Gear  Tester  consists  of  both  fabricated  parts  and 
purchased  components.  The  fabricated  parts  include  such  items  as:  the 
mounting  bases  and  enclosure  for  the  test  and  drive  section,  housing  for 
the  bearings,  the  driven  pulley,  and  the  gear  mounts.  The  purchased 
components  are : 

1)  A  variable  speed  electric  motor  which  will  allow  testing 

to  be  performed  over  a  wide  range  of  loading  as  well  as  speed, 

2)  A  speed  increasing  mechanism  consisting  of  pulleys  and 
V-belts  to  provide  the  desired  range  of  speed  and  torque, 

3)  Low  friction  bearings  which  are  intended  to  minimize 
extraneous  vibrations  and  provide  good  shaft  alignment, 

4)  Shaft  couplings,  with  a  low  degree  of  dynamic  imbalance 
and  bending  force  transmission, 

5)  Gear  mounts,  also  with  low  dynamic  imbalance,  and  with  the 
required  torque  rating, 

6)  Precision  ground  steel  shafts  which  will  provide  center- to- 
center  accuracy  and  therefore  minimize  vibration. 


This  section  will  describe  the  selected  components  and  provide  the 
basis  for  their  selection  including  loading  and  tolerance  require¬ 
ments  and  cost.  One  of  the  main  considerations  in  selecting  these 
components  is  that  they  introduce  a  minimum  of  extraneous  vibration;  since 
this  vibration  would  act  as  a  noise  source  in  the  experiments  and  tend  to 
mask  the  basic  noise  and  vibration  sources  in  the  gears.  The  following 
subsections  will  describe  the  individual  components  in  the  order  listed 
above . 


2. 2. 2.1.  Motor.  The  primary  purpose  of  the  motor  is  to  provide 
the  necessary  power  to  drive  the  gears  over  a  wide  range  of  rotational 


speeds  and  loads.  As  previously  mentioned,  one  of  the  main  advantages  of 
using  the  four  square  arrangement  to  test  gears  is  that  the  power  source 
need  only  supply  the  frictional  losses  in  the  s-.t-up  and  i,ut  the  full 
circulating  power.  Since  these  losses  are  negligible  (see  Section  2.1)  it 
is  possible  to  use  a  small  size  motor  (10  hp)  to  drive  the  gears.  But, 
since  it  is  our  intention  to  eventually  test  these  gears  at  higher 
K-factors  (in  order  to  test  the  gears  at  its  full  load  carrying  capacity, 
it  is  necessary  to  further  the  test  beyond  600  K-factor) ,  it  is  imperative 
to  use  a  larger  size  motor. 

The  following  are  the  selection  criterion  for  this  particular  motor 

General  Requirements 

The  general  requirements  are  as  follows: 

1)  The  motor  should  have  a  high  degree  of  rotational  speed 
constancy;  since  the  collection  of  data  is  expected  to  take 
on  the  order  of  an  hour  per  run. 

2)  Vibrational  levels  of  the  motor  should  be  very  low. 

3)  The  maximum  speed  of  the  motor  should  be  close  to  the  desired 
speed  of  the  gears. 

4)  The  motor  should  be  reversible  over  its  entire  speed  range; 
in  order  to  study  the  engagement  and  disengagement  phases 

of  the  gear  mesh  cycle  without  an  extensive  effort  for  set-up 
between  runs. 

Based  on  these  requirements  and  after  a  preliminary  survey  of  the  various 
types  of  electric  motors  commercially  available,  the  following  specifi¬ 
cations  were  selected: 


1.  speed  range  from  0  to  2500  rpm 
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2.  reversibility  over  entire  speed  range 

3.  0.1%  long  term  speed  stability 

4.  43  hp  at  full  speed,  corresponding  to  an  applied  torque 
on  the  gear  shafts  of  301.11  in-lbs 

5.  visual  and  electronic  speed  read-out 

Based  on  these  specifications  a  d.c.  shunt-wound  motor  with  a 
Silicon  Controlled  Rectifier  (SCR),  manufactured  by  Contraves  Corpora¬ 
tion,  was  selected.  A  direct-current  shunt-wound  motor  with  an  SCR 
controller  was  chosen  for  the  following  reasons: 

1)  Shunt-wound  dc  motors  are  most  suitable  for  applications 
where  constant  speed  is  needed  at  any  control  setting,  or 
where  an  appreciable  speed  range  is  required  [14]. 

2)  Dc  motor  speed  can  be  controlled  smoothly  down  to  zero, 
immediately  followed  by  acceleration  in  the  opposite 
direction  [14]. 

3)  They  respond  quickly  to  changes  in  control  signals  due  to 
their  high  ratio  of  torque -to -inertia  [14]. 

4)  The  SCR  controller  can  regulate  or  switch  the  dc  power  of  the 
motor . 

The  selected  motor  provides  constant  torque  from  0  to  2500  rpm,  54 
hp  maximum  at  2500  rpm,  reversibility,  and  0.1%  long  term  speed 
stability.  In  addition,  the  motor  system  offers  the  following  desirable 
features : 

1)  The  motor  has  a  rolled  steel  frame  for  dimensional  stability 
and  cast  iron  end  bells  for  strength  and  rigidity.  It  has 
additional  turns  of  copper  wire  in  the  field  windings  result¬ 
ing  in  the  reduction  of  power  dissipation  and  operating 
temperatures.  A  ventilated  drip-proof  blower  mounted  on  the 
motor,  cools  the  motor,  and  enables  it  to  achieve  high 
torques  at  low  speeds.  Also,  the  motor  drive  is  regenera¬ 
tive  (motor  generated  energy  is  fed  back  into  the  dc  supply) 
and  therefore  contributes  to  the  rapid  deceleration  of  the 
loads  [ 15  ]  . 

2)  The  motor  is  fitted  with  a  high  precision  tachometer- 
generator  to  achieve  the  desired  0.1%  speed  stability.  The 


temperature  compensated  tachometer,  with  a  ripple  of  0.5%,  has 
an  extremely  linear  voltage-speed  relationship  throughout  its 
entire  speed  range,  providing  accurate  regulation  for  shaft 
velocity  feedback.  It  also  features  a  two-pole  construction 
with  antifriction  ball  bearings,  and  a  totally  enclosed  non- 
ventilated  steel  frame.  The  tachometer  weighs  only  35  lbs 
[15]. 

3)  The  motor  system  also  consists  of  an  isolation  transformer  to 
provide  impedence  and  noise  isolation.  The  transformer 
impedence  protects  the  SCR  from  in- rush  currents  and  the 
noise  isolation  prevents  large  spikes  (from  the  electrical 
supply)  from  entering  the  SCR. 

4)  The  motor  has  a  150%  overcurrent  capability  and  requires  an 
electrical  supply  voltage  of  230  volts.  The  acceleration 
torque  of  the  motor  is  1800  in-lbs.  The  maximum  torque  output 
of  the  motor,  at  2500  rpm,  is  1356  in-lbs.  The  motor  weighs 
approximately  775  lbs. 

The  following  paragraphs  provide  the  speed- torque  relationship  of 
the  selected  motor  and  the  corresponding  specifications. 


Speed-Torque  Relationship 

The  following  graphs  will  provide  a  better  understanding  of  the 
speed- torque  relationship  of  the  selected  blower  ventilated  motor.  The 
solid  and  dotted  lines  in  Figures  2.3  and  2.4  represent  the  speed- torque 
relationships  for  the  class  F  and  class  H  insulations,  respectively.  The 
letters  A,  D,  and  E  represent  types  of  controllers.  The  selected  motor 
has  a  type  C  SCR  controller  and  class  F  insulation,  and  the  solid  curve  of 
interest  lies  somewhere  between  curves  A  and  D  (this  selection  was  made 
after  discussions  with  Contraves  engineers).  From  Figure  2.3,  it  is 
evident  that  as  the  speed  increases,  especially  in  the  80  to  100%  of  the 
base  speed  range,  there  is  constancy  in  torque  but  as  the  speed  decreases 
there  is  torque  variation.  Figure  2.4  shows  the  speed-torque  relationship 
of  a  self-ventilated  motor  or  motor  without  a  blower.  By  comparing  the 
two  graphs  one  can  easily  see  the  advantage  of  using  a  blower  ventilated 
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motor  in  this  particular  application.  Furthermore,  the  torque  output  of 
the  self -ventilated  motor,  at  a  lower  percentage  of  the  base  speed,  is  far 
less  than  the  torque  output  of  the  blower  ventilated  motor. 

Contraves  Motor  Specifications 

The  main  system  components  of  the  Contraves  motor  are  the  following : 

i)  regenerative  SCR  controller  (ADB/F  460.145,  460  V,  145  amps 
max) 

ii)  a  60  hp  dc  shunt  wound  electric  motor  with  a  2500  rpm  base 
speed  includes  a  328AT  frame,  foot  mount,  ventilated  drip 
proof  blower  (top  mount),  thermal  switch,  and  an  XC46  high 
precision  tachometer  (100  V/1000  rpm) 

iii)  isolation  transformer  (75  KVA  230  V  input,  460  V  secondary) 
in  NEMA  1  enclosure 

iv)  floor  mount  (size  48  x  36  x  16  in)  in  NEMA  12  enclosure  with 
fan  ventilation  for  mounting  of  panel  and  controls 

The  system  is  also  equipped  with  start/stop  pushbuttons,  an  emergency  stop 
pushbutton  (coasts  to  stop  upon  activation),  a  power  on  light,  field 
economy  (lowers  the  field  current  when  the  motor  is  not  in  continuous 
use),  a  speed  potentiometer  to  control  motor  velocity,  a  motor  blower 
starter,  and  a  digital  display  meter  to  show  motor  velocity.  In  addition, 
since  the  power  requirement  to  drive  the  system  is  43  hp  at  9000  rpm, 
Contraves  engineers  have  assumed  some  inefficiencies  associated  with  the 
gearing  to  the  load.  An  eighty-five  percent  efficiency  is  assumed  by  the 
manufacturer.  The  total  price  of  the  motor  package  is  $20,422.00. 
Schematics  of  the  motor  and  the  motor  mounted  blower  are  shown  in  Figures 
2.5  and  2.6,  respectively. 

2. 2. 2. 2.  Belt-Drive  (Pulleys  and  Belts).  The  following  symbols 
defined  below  are  used  in  the  calculations  for  this  section. 


Contraves  Motor 
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center-distance  between  pulleys 
pitch  diameter  of  the  driver  pulley 
pitch  diameter  of  the  driven  pulley 
base  of  natural  logarithm 
natural  fequency 
horsepower 

a  constant  for  V-belt  drive  design 
k  -  0.51230  [23] 

belt  length 

mass  per  unit  length  of  belt 
m  -  3.238  x  10*5  lbs-sec2/in2 

correction  factor  for  the  arc  of  contact 
N  -  1 

gear  speed 
n  -  9000  rpm 

centrifugal  force  per  belt 

belt  tension  ratio 

tight  side  tension 

slack  side  tension 

tight  side  tension  per  belt 

belt  velocity 

arc  of  contact 


The  purpose  of  the  belt-drive  is  to  provide  the  desired  range  of 
speed  and  torque.  The  pulley  and  belt  system  was  chosen  because  it  is 
quieter  during  operation.  The  general  requirements  the  belt-drive  should 
meet  are  as  follows: 

1)  It  should  provide  the  driving  force  from  the  motor  to  the 
gears  with  as  little  vibration  and  noise  as  possible. 


2)  The  drive  should  have  an  appreciable  service  life,  as  it  is 
expected  the  test  apparatus  wil  be  run  continuously  for  an 
hour  and  five  such  runs  per  day  will  be  conducted. 
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3)  The  drive  pulleys  should  be  dynamically  balanced  to  prevent 
extraneous  vibrations . 

4)  The  belts  should  have  a  high  degree  of  bend  or  flexibility  to 
permit  operation  over  the  smaller  pulley  of  the  belt  drive. 

5)  The  belts  should  also  have  an  appreciable  depth-to-vidth 
ratio,  thereby  placing  more  of  the  pulley  directly  under  the 
belts.  This  arrangement  permits  better  belt  force  distribu¬ 
tion  over  the  pulleys. 

6)  The  belt-drive  should  be  able  to  operate  at  a  short  center- 
distance,  since  the  motor  and  the  drive  section  of  the  test 
apparatus  will  be  separated  by  a  short  center-distance  and 
placed  on  the  same  platform. 

7)  The  belt-drive  should  be  lightweight  and  hence,  prevent  any 
sizeable  increase  in  the  bearing  loads  and  the  lateral 
deflection  of  the  shafts. 


Based  on  these  characteristics  and  consequent  to  a  survey  of 
various  types  of  belt  drives  commercially  available,  the  following 
specifications  were  chosen: 


1.  V -be Its  with  dimensions: 

depth  -  0.312  in 
top  width  -  0.375  in 

2.  Ductile  Steel  Pulleys  with: 

driver  pulley  diameter  -  9  in 
driven  pulley  diameter  -  3  in 
driver  rpm  -  3000 
driven  rpm  -  9000 

3.  center  distance:  24.0  in 

4.  horsepower  rating  of  belts:  43 

5.  service  life:  10,000  hrs 


A  Dayco  Speed  Increasing  V-Belt  drive  was  selected  based  on  these 
requirements.  A  drive  with  narrow  V-belts  was  selected  for  the  following 
reasons : 

1)  Narrow  V-belts  have  greater  depth- to-width  ratio,  thereby 
placing  more  of  the  pulley  directly  under  the  reinforcing 
cords.  Loads  in  the  tensile  cord  are  thus  transferred  more 


directly  to  the  sides  of  the  pulley,  allowing  minimum  load 
shedding  and  producing  better  force  distributions .  For  a 
given  width,  narrow  V-belts,  therefore,  have  power  ratings 
much  higher  than  those  of  conventional  V-belts  [22], 

2)  V-belts  are  well  adapted  for  use  in  short-center  drives  [21], 

3)  If  V-belts  are  cogged  (a  cogged  belt  has  molded  teeth  to 
allow  flexibility)  then  the  allowable  degree  of  bend  of 
the  belt  can  be  maximized  and  operation  over  small  pulleys 
is  made  possible  [22] . 

4)  A  narrow  V-belt  drive  provides  the  highest  power  in  the 
smallest  package  and  is  well  suited  for  high  speed 
applications . 


The  following  calculations  were  made  to  select  our  V-belt  drive. 


Center-Distance,  Pulley  Diameters,  and  Belt  Length 


Since  a  short  center  drive  is  required,  a  center  distance  of 
twenty- four  inches  was  assumed.  The  center-distance  between  pulleys, 
pitch  diameters  of  the  pulleys,  and  belt  length  are  related  by  the 
following  equation  [23] 


C 


b  +  N(b2 


-  32  (D-d)2) 
16 


where 

b  -  4  (L)  -  6.28  (D+d) 

In  order  to  determine  the  unknowns  D  and  d,  the  following  assumption  was 
made:  The  center-distance  will  be  greater  than  the  diameter  of  the  larger 
pulley  and  less  than  three  times  the  sum  of  the  two  pulley  diameters  or 
[24] 

D  <  C  <  3  (D+d) 


For  a  speed  increasing  drive  the  size  of  the  driver  pulley  is 
significantly  larger  than  the  size  of  the  driven  pulley.  Since  our 


application  demands  a  speed  ratio  of  approximately  4  to  1,  it  was  assumed 
that  the  pitch  diameter  of  the  driver  pulley  is  four  times  the  pitch 
diameter  of  the  driven  pulley.  Based  on  these  assumptions,  and  after 
several  iterations  of  the  above  relation  for  center-distance,  the 
following  values  were  selected: 

C  -  24.0  in 
D  -  9.0  in 
d  -  3.0  in 
L  -  67.2  in 


Belt  Velocity 


The  belt  velocity  determines  two  things:  1)  the  belt  material; 
and  2)  whether  the  pulleys  should  be  dynamically  balanced.  The  belt 
velocity  is  determined  by  [23J 

V  .  .  (»)0)(M°°)  .  7068  580  fpm 


Net  Belt  Tension 

Once  the  belt  velocity  is  known  the  net  belt  tension  (the 
difference  in  tight  side  and  slack  side  tensions)  can  be  determined  by  the 
following  equation  [23]: 


net  belt  tension 


(33,000)  (design  horsepower) 
V 

(33,000)  (design  horsepower) 
7068.380 


i 

i  where 


design  horsepower  -  (transmitted  horsepower)  (safety  factor) 
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Since  the  test  apparatus  will  not  continuously  run  for  more  than  an  hour, 
the  safety  factor  was  taken  as  unity.  Hence, 

design  horsepower  -  transmitted  horsepower  -  43 

Therefore , 

net  belt  tension  -  200.741  lbs 

Arc  of  Contact  and  Arc  Length  of  the  Smaller  Pulley 

The  arc  of  contact  or  the  angle  of  wrap  is  defined  as  the  angle 
subtended  by  the  arc  over  which  the  belt  contacts  the  pulley.  The  arc  of 
contact  is  given  by  [23] 

0  -  180  -  (^)  (60) 

-  180  -  <^|)  (60) 

-  165  deg 

The  arc  length  of  the  wrap  is  determined  by  [23] 
arc  length  -  (^Q)(0)(d) 

-  <3?0)(165)(3) 

-  4 . 320  in 

Belt  Tension  Ratio 

The  proper  tension  in  the  belt  will  result  in  a  belt  drive  that 
provides  the  highest  efficiency  and  longest  service  life.  Inadequate 
tensions  lead  to  slip  and  premature  wear  of  the  belt.  The  belt  tension 
ratio  is  given  by  [23] 

T 

=^~  -  ek  9  (rad)  -  e°  •  51230(2 . 879)  -  4.810 


In  order  to  determine  the  tight  side  tension,  T1 ,  the  following 


equation  was  employed  [23]: 


41,250  (design  horsepower) 
(N)(V) 

(41 , 250) (43) 

( 1) (7068 . 580) 

-  250.930  lbs 


To  obtain  a  more  accurate  value  for  the  slack  side  tension,  T2 ,  th< 
following  equation  was  used  [23]: 


t2 


33,000  (1,25  -  N)  (design  horsepower) 
(1)  (7068.580) 


50.190  lbs. 


Number  of  Belts 

The  number  of  belts  required  to  transmit  43  hp  from  the  motor  to 
the  driven  shaft  is  determined  by  dividing  the  design  horsepower  by  the 
corrected  horsepower  rating  per  belt.  During  the  course  of  a  personal 
correspondence  with  the  Dayco  Technical  Center  a  corrected  horsepower 
rating  of  9.13  (per  belt)  was  selected  for  this  particular  design.  Hence 
the  number  of  belts  required  is  five. 

Centrifugal  Force  and  Dynamic  Hub  Loading 

Because  the  belts  are  operating  at  such  high  speeds,  the 
centrifugal  force  of  the  belts  and  the  dynamic  load  on  the  hub  of  the 
pulley  become  important  considerations.  Again,  during  personal 
correspondence  with  Dayco  engineers  a  centrifugal  force  (per  belt)  of 
10  lbs  (corresponding  to  a  belt  speed  of  7068.580  fpm)  was  selected.  The 
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following  relation  provides  an  approximate  value  for  the  dynamic  hub  load 
[23]  : 


dynamic  hub  load  -  (T1  +  T2 )  -  Tc 

-  (250.930  +  50.190)  -  10 

-  291.120  lbs 


Belt  Natural  Frequency 

The  fixed- fixed  end  condition  (see  Figure  2.7)  was  considered  to 
determine  the  natural  frequency  of  the  belts.  Considering  each  belt  as  a 
taut  string  and  assuming  small  deflections,  the  natural  frequency  is  given 
by  [20] 

fn  “  n  (2c)  "  n  ((2)(24)^  “  n  (48) 
where  n  -  mode  numbers  and 


c 


ci  50.186 

V  "  i\J3.238  x  10 


^7 


1244.952  in/sec 


Therefore,  the  natural  frequency  of  the  system  is  now  given  by 


For  n  -  1,  f1 
for  n  -  3.  fj 


1244  952 

fn  -  n  (  l8— )  -  n  (25.936) 


25.936  cycles/sec;  for  n  -  2,  fg 
77.808  cycles/sec. 


51.872  cycles/sec;  and 


Service  Life 

Since  the  belt  speed  is  greater  than  6500  fpm,  Dayco  engineers 
recommended  that  the  designed  pulleys  should  be  made  of  ductile  steel  and 
must  be  dynamically  balanced.  Also,  based  on  the  calculated  tensions  and 


Figure  2.7  Fixed-Fixed 
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the  given  horsepower  rating  per  belt,  a  service  life  of  10,000  hours  was 
assigned  to  this  designed  belt  drive. 

Based  on  these  calculations  a  Dayco  speed  increasing  drive  system 
was  selected  (also  considered  was  the  final  drive  ratio  based  on  maximum 
motor  speed  of  2500  rpm) .  The  Dayco  drive  is  a  8-belt  drive  with  the 
following  matching  components: 

8-3V80  driver  pulley 
8-3V2.25  driven  pulley 
8-3VX630  V-belts 

Both  the  driver  and  driven  pulleys  are  made  of  cast  iron.  The  deep 
groove  driver  pulley  (the  deep  grooves  keep  the  belts  aligned  and  prevent 
them  from  rolling)  has  an  eight  inch  outside  diameter  and  is  fitted  with  a 
removable  hub  bushing  to  allow  the  desired  bore  size  (see  Appendix  A). 

The  combined  weight  of  the  pulley  and  the  bushing  is  approximately  23 
lbs.  The  driven  pulley  is  a  special  order  item  (Appendix  A  provides  a 
complete  drawing  of  this  pulley)  and  it  weighs  approximately  2.6  lbs.  The 
pitch  diameter  of  the  pulley  is  2.25  in.  The  Dayco  V-belts  are  cogged, 
lightweight  (0.3  lbs  per  belt),  and  have  high  horsepower  ratings. 

The  Dayco  V-belt  drive  is  designed  to  transmit  41  horsepower  and 
has  a  service  life  of  25,000  hrs.  If  the  drive  is  operated  continuously 
for  more  than  an  hour,  ten  belts  should  be  employed  to  obtain  the  above 
service  life.  Furthermore,  if  the  transmitted  horsepower  is  increased  to 
50,  the  service  life  of  the  belt-drive  will  drop  to  10,000  hrs.  The 
following  are  computer  generated  values  provided  by  che  Dayco  Technical 
Center  for  the  selected  drive  system.  Note  the  similarities  in  the 
designed  and  selected  drive  systems.  Also  note  that  the  use  of  a  smaller 
pulley  results  in  a  lower  belt  speed. 
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Dayco  8-Belt  Drive  Data 

pitch  diameter  of  driver  pulley,  D  -  8  in 
pitch  diameter  of  driven  pulley,  d  -  2.25  in 
design  horsepower  -  43.26 

corrected  horsepower  rating  per  belt  -  5.22 

corrected  horsepower  rating  for  8  belts  -  41.73 

driver  pulley  rpm  -  2500 

driven  pulley  rpm  -  8889 

belt  speed,  V  -  5236  fpm 

speed  ratio  -  3.56 

belt  length,  L  -  63.06  in 

belt  depth  -  0.312  in 

belt  top  width  -  0.375  in 

dynamic  hub  load  -  414.920  lbs 

centrifugal  force  per  belt,  Tc  -  5.32  lbs 

center  distance  between  pulleys,  C  -  23.03  in 

tension  ratio:  Tt/Tj  _  5.00 

arc  of  contact  (for  small  pulley),  9  -  165.20  deg 
tight  side  tension,  T1  -  340.80  lbs 
slack  side  tension,  T2  -  77.84  lbs 
net  belt  tension  -  262.96  lbs 

Following  the  same  procedure  as  for  the  designed  drive,  the  natural 
frequency  of  the  selected  belt-drive  in  modes  1,  2,  and  3  are 
f,  -  24.392  cycles/sec,  f2  -  48.785  cycles/sec,  and  f3  -  73.177 
cycles/sec,  respectively.  Since  the  belt  speed  is  below  6500  fpm,  special 
balancing  of  the  pulleys  is  not  required.  As  a  result  of  which,  the  Dayco 
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belt-drive  is  more  economical  than  the  designed  drive.  The  Dayco  price 
list  is  as  follows: 


Part 

8-3V80  dr^v-er  pulley 
with  bushing 

8-3V2.25  driven  pulley 

8-3VX630  V-belts 


Cost 

$80.83 

$91.76 

$79.84  ($9.98  per  belt) 


2. 2. 2. 3.  Low  Friction  Bearings.  The  symbols  defined  below  are 
used  in  the  calculations  for  this  section: 

d  pitch  diameter 

d  -  3.6471  in 

Fn  tooth  load 

Fm  bearing  reaction 

F^  bearing  reaction 

Fr  radial  load 

Fc  tangential  load 

T  applied  shaft  torque 

T  -  301.11  in-lbs 

4>  pressure  angle 

-  22  degrees 


Low  friction  bearings  are  used  in  this  design  for  the  following 
reasons : 

1)  To  minimize  extraneous  vibrations. 

2)  To  prevent  power  loss  due  to  friction. 

3)  To  support  the  imposed  shaft  loads. 

The  general  requirements  the  bearings  should  meet  are  as  follows: 

1)  There  should  be  no  metal-to-metal  contact  between  the  journal 
and  the  bearing;  this  minimizes  friction,  extraneous  noise, 
and  shaft  misalignment. 


2)  The  bearings  should  be  able  to  support  the  calculated  shaft 
load. 

3)  They  should  have  the  desired  internal  diameter  and  operating 
speed. 

4)  The  bearings  should  have  an  appreciable  service  life. 

Based  on  these  requirements,  a  survey  of  commercially  available  low 
friction  bearings  was  made.  The  following  specifications  were  then 
selected: 

1.  speed  range:  0  to  9000  rpm 

2.  load  capacity:  90  to  120  lbs 

3.  internal  diameter:  1.377  +  0.001  in 

4.  service  life:  10,000  to  20,000  hrs 

Either  a  hydrodynamic  bearing  (oil  is  usually  the  lubricant)  or  an 
air  lubricated  bearing  meets  the  above  specifications.  Air  bearings 
were  chosen  over  the  former  for  the  following  reasons: 

1)  They  are  quieter  during  high  speed  operation. 

2)  They  are  more  economical  and  easily  available. 

3)  Simplifies  the  lubrication  system. 

The  other  advantages  of  using  an  air  bearing  are: 

1)  The  elimination  of  mechanical  contact  confers  upon  the  bearing 
an  indeterminate  life.  This  type  of  bearing  suffers  no  wear 
and,  in  consequence,  can  operate  for  an  unlimited  period.  The 
fact  that  there  is  no  degradation  of  performance  with  time  is 
of  fundamental  importance  [16]. 

2)  The  elimination  of  mechanical  contact  also  results  in 
exceedingly  smooth  rotation  with  very  low  drag  enabling  high 
rotational  speeds  to  be  obtained  [16], 

3)  The  nature  of  the  load  carrying  mechanism  results  in  a 
precise  definition  of  the  axis  of  rotation,  achieving  maximum 
stiffness  at  zero  eccentricity  [16]. 


48 


fa. 


An  important  consideration  in  designing  systems  that  make  use  of 
gears  to  transmit  power  is  the  proper  design  of  the  bearings.  This 
basically  means  calculating  the  resultant  bearing  loads  [6],  The  bearing 
loads  were  determined  upon  assuming  that  the  effect  of  the  gear  mounts, 
couplings,  and  shafts  are  negligible  as  compared  to  the  tooth  loads.  As 
shown  in  Figure  2.8,  the  bearing  reactions  are  a  direct  result  of  the 
force  Fn  that  the  teeth  of  one  gear  exerts  on  the  meshing  teeth  of  the 
other.  This  force,  which  acts  normal  to  the  tooth  surfaces  and  along  the 
pressure  angle  <f> ,  can  be  resolved  into  components  Ft  and  Fr  related  by  [6' 

Ft  -  Fn  cos  <t> 

and 

Fr  -  Fn  sin  <f> 

The  torque  T  that  the  normal  force  produces  with  respect  to  the 
center  of  the  gears  is  given  by  (6) 

T  -  Fn  <f)  cos  *  -  Ft  (§) 

Since  torque  T  is  known,  Fn,  Ft,  and  Fr  can  be  determined.  Hence,  Fn  - 
177.94  lbs,  Ft  -  164.98  lbs,  and  Fr  -  66.65  lbs. 

To  determine  the  bearing  reactions,  it  is  necessary  to  view  Figure 
2.8  along  4>  (see  Figure  2.9)  and  hence,  eliminating  the  forces  Fr  and  Fc 
from  the  picture.  Since  Fn  acts  at  the  mid-point  of  the  shaft,  the 
bearing  reactions  are  equal  to  one  another.  From  static  analysis,  Fn1  - 
Fn2  -  88.97  lbs. 

Based  on  these  calculations,  sleeve  type  air  bearings,  manufactured 
by  Masten-Apen  Ltd. ,  were  selected.  The  mechanism  of  load  carrying 
capacity  of  these  bearings  is  similar  to  that  in  aerostatic  bearings.  The 
operation  of  aerostatic  bearings  is  illustrated  in  Figures  2.10  and  2.11. 


Figure  2.10  shows  a  cylindrical  shaft  located  concentrically  within  a 
cylindrical  sleeve.  Air  under  pressure  is  fed  through  a  series  of  jets 
into  the  annulus  between  the  shaft  and  the  bearing.  A  pressure  drop 
occurs  as  the  air  passes  through  the  jets  giving  rise  to  pressures  as  jet 
outlets  indicated  by  P^i  and  P,^  •  In  the  concentric  condition  these 
pressures  are  equal  and  may  be  designated  P0 .  Once  the  air  has  passed 
through  the  jets  it  escapes  through  the  narrow  annulus  to  the  outer  ends 
of  the  bearing.  The  basic  mechanism  of  the  load  carrying  capacity  is  tha 
the  radial  displacement  of  the  shaft,  as  shown  in  Figure  2.11,  results  in 
a  different  resistance  to  flow  between  the  top  and  bottom  of  the  bearing. 
The  net  result  is  that  P^  increases  above  P0  ,  and  P(j1  diminishes  below 
Pq ,  thereby  creating  the  pressure  differential  necessary  to  support  the 
imposed  shaft  load  [16]. 

In  the  selected  bearings,  air  under  pressure  enters  through  a  1/8 
inch  hole  and  into  the  annulus  through  several  small  jets  that  are 
randomly  spaced  throughout  the  entire  inner  surface  of  the  bearing.  In 
order  to  lift  and  center  the  shaft,  an  air  flow  rate  of  5.5  cubic  feet  pe 
minute  is  needed  (this  is  a  standard  value).  The  bearings  are  capable  of 
supporting  113.40  lbs  of  radial  load  at  an  air  pressure  of  100  psi.  The 
shaft  speed  is  limited  only  by  the  radial  elongation  limit  of  the  shaft 
material.  Furthermore,  the  bearings  are  made  of  660  cast  bronze  and  can 
operate  with  commercial  grade  cold  rolled  shafts  with  a  125  RMS  finished 

[17]. 

Other  pertinent  design  data  for  the  selected  bearings  are  as 
follows : 

inner  diameter:  1.3760/1.3755  in 
outer  diameter:  2.1255/2.1245  in 
length:  1.375  in 
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recommended  housing1  size:  2.1255/2.1245  in 
price  per  bearing:  $96.34 

The  bearing  accessories  such  as  the  air  tank,  airline  filter,  and 
air  compressor  were  selected  from  a  Compressed  Air  Products,  Inc., 
catalog.  The  air  tank  has  the  capacity  to  hold  120  gallons  of  air  at  a 
standard  working  pressure  of  200  psi.  The  20  horsepower  air  compressor 
has  a  flow  rate  of  82  CFM  at  100  psi.  Furthermore,  the  compressor  is 
equipped  with  an  air  cooled  after  cooler  and  dual  and  modulation 
controls.  The  compressor  weighs  360  lbs.  The  price  list  for  the  bearing 
accessories  is  as  follows: 

air  tank  -  $480.00 

air  filter  -  $  51.00 

air  compressor  —  $5904.00 

The  following  outlines  one  possible  method  of  switching  off  the 

motor  (hence,  shutting  off  the  test  apparatus)  when  the  flow  rate  to  the 
bearings  falls  below  the  required,  and  therefore,  prevent  bearing  wear  and 

failure . 

The  Proposed  Method 

The  flow  diagram  of  the  proposed  electrical  system  is  shown  in 
Figure  2.12.  This  system  will  turn  the  motor  off  when  it  detects  a 
change  in  load  current.  As  shown,  the  dc  current  enters  a  trans¬ 
conductance  amplifier  where  it  is  deamplif ied .  The  output  current  from 
the  amplifier  enters  the  two  comparators  which  will  compare  the  current 
values  1.40  and  1.50  mA.  The  output  voltage  from  the  comparators  will 
either  be  0  or  1  when  it  is  passed  through  an  OR-gate.  We  desire  an 
output  of  0  from  both  comparators;  since  the  input  current  value  should  be 

between  the  two  current  values  that  are  being  compared.  The  FET  switch 

’Master-Apex  does  not  manufacture  the  housing  for  their  bearings, 
hence,  these  are  special  order  items. 


will  be  turned  on  by  a  gate  voltage  of  0,  and  if  one  of  the  outputs  (of 
the  comparators)  is  1,  then  the  FET  switch  will  be  turned  off.  This 
signals  that  there  is  a  problem  with  the  value  of  the  input  current  (the 
change  in  input  current  occurs  when  there  is  metal- to-metal  contact 
between  the  shaft  and  the  bearing) .  When  the  change  in  load  current  is 
detected  by  this  system,  the  FET  switch  turns  off,  the  gate  of  the  SCR 
will  not  trigger,  and  the  supply  will  be  isolated  from  running  the  test 
apparatus  [18]. 


Roller  Bearings 


The  test  apparatus  is  equipped  with  three  roller  bearings  to 
compensate  for  the  thrust  loads  imposed  on  the  system.  The  thrust  loads 
are  predicted  to  be  very  small  and  almost  negligible  for  our  application. 
But,  since  it  is  our  intention  to  eventually  test  the  gears  at  higher 
K- factors,  cylindrical  roller  bearings,  with  the  capacity  rating  to  test 
the  gears  at  600  K,  were  selected.  The  selected  bearings  have  a  high 
radial  load  capacity  and  can  also  tolerate  light  thrust  loads.  The 
bearings,  which  are  manufactured  by  SKF  Industries,  are  types  NUP205EC  and 
NUP207EC.  For  the  one  inch  shaft,  type  NUP205EC  was  chosen.  This  bearing 
has  the  following  design  data: 


inner  diameter: 
outer  diameter: 

length : 

radial  load  capacity: 
calculated  thrust  load  capacity: 


speed  limit  when  grease  lubricated: 
speed  limit  when  oil  lubricated: 
calculated  average  service  life: 

weight : 
cost  per  bearing: 


0.9843  in 
2.0472  in 
0.5906  in 
6,440  lbs 

72  lbs  (for  oil  lubrication) 
and  42  lbs  (for  grease 
lubrication) 

11,000  rpm 
14,000  rpm 
493,630  hrs 
0.31  lbs 
$39.72 
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For  the  1.375  inch  shaft,  type  NUP207EC  was  chosen.  This  bearing  has  the 
following  design  data: 

inner  diameter:  1.3780  in 
outer  diameter:  2.8346  in 
length:  0.6693  in 
radial  load  capacity:  10,900  lbs 
calculated  thrust  load  capacity:  186  lbs  (for  oil  lubrication) 

and  124  lbs  (for  grease 
lubrication) 

speed  limit  when  grease  lubricated:  8500  rpra 
speed  limit  when  oil  lubricated:  10,000  rpm 
calculated  average  service  life:  1.679  x  107  hrs 

weight:  0.68  lbs 
cost  per  bearing:  $35.57 


2. 2. 2. 4.  Shaft  Couplings.  The  primary  purpose  of  the  shaft 
couplings  is  to  join  the  drive  section  shafts  to  the  test  section  shafts. 
Also,  the  couplings  provide  the  means  to  isolate  the  drive  section 
vibrationally  from  the  test  section  of  the  Four  Square  Gear  Tester.  The 
general  requirements  the  couplings  should  meet  are  as  follows: 

1)  They  must  possess  a  low  degree  of  dynamic  imbalance  to 
minimize  extraneous  vibrations;  and  a  high  degree  of 
stiffness  to  minimize  shaft  bending. 

2)  The  coupling  must  have  the  desired  operating  speed  and 
torque  rating. 

3)  They  must  compensate  for  angular  and  parallel  misalignment  of 
the  shaft  (if  the  shafts  are  aligned  accurately,  the 
couplings  can  be  fairly  rigid  and  need  not  have  high  misalign¬ 
ment  capability). 

4)  The  installation  and  removal  of  the  couplings  should  be  quick 
and  easy;  since  the  test  and  drive  gears  will  be  periodically 
removed  and  replaced. 

5)  They  should  be  lightweight  and  hence,  prevent  any  sizeable 
increase  in  the  bearing  loads  and  the  lateral  deflection  of 
the  shafts. 

6)  The  couplings  should  require  no  special  lubrication  and  must 
have  an  appreciable  service  life. 


hi 
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Following  a  survey  of  various  types  couplings  commercially 
available,  the  specifications  listed  below  were  chosen: 

1.  operating  speed:  9000  rpm 

2.  torque  rating:  301.11  in-lbs 

3.  bore  size  range:  1.3755  to  1.3756  in 

4.  angular  misalignment  range:  0.25  to  0.50  deg 

5.  parallel  misalignment  range:  0.02  to  0.07  in 

6.  service  life:  10,000  to  20,000  hrs 

Based  on  these  requirements  Rexnord  Thomas  Flexible  Shaft  Couplings 
were  selected.  Flexible  couplings  were  chosen  for  the  following  reasons: 

1)  They  can  be  used  to  connect  shafts  subjected  to  both  parallel 
and  angular  misalignment. 

2)  They  are  especially  designed  for  high  speed  operations. 

3)  Since  they  consist  of  no  rubbing  or  frictional  surfaces,  they 
require  no  lubrication. 

The  following  calculation  was  made  to  determine  the  torque  rating 
of  the  coupling.  The  torque  rating  is  given  by  [21] 

T^  -  (safety  factor)  T 

where  T  (applied  shaft  torque)  -  301.11  in-lbs.  In  order  to  assign  a 
value  for  the  safety  factor,  the  following  assumptions  were  made:  1)  The 
gear  testing  is  intermittent  in  nature;  and  2)  Each  test  is  to  be  run  for 
an  hour.  On  the  basis  of  these  assumptions,  the  factor  of  safety  was 
taken  as  unity.  Thus  T^  -  T  -  301.11  in-lbs. 

Based  on  the  calculated  torque  and  the  parallel  and  angular 
deformation  of  the  shaft,  Rexnord  Style  CC  (size  100)  Couplings  were 
selected.  The  Rexnord  couplings  are  flexible  disc  couplings  that  use 
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metal  discs  to  transmit  the  motion  and  torque.  These  couplings  not  onlv 
accommodate  angular  and  parallel  misalignment  but  also  provide  free  end 
float  (or  flexibility  in  the  axial  direction).  Figure  2.13  shows  a 
schematic  of  the  Rexnord  coupling.  The  mounting  of  the  Rexnord  coupling 
is  quick  and  easy  in  the  sense  that  it  could  be  slipped  onto  the  shaft  end 
and  fastened  via  set  screws.  Its  riveted  construction,  its  machined 
center  members,  and  its  aluminum  components  make  these  couplings 
torsionally  rigid  and  lightweight.  The  Rexnord  coupling  has  the  following 
design  data: 

1.  weight:  19.6  oz 

2.  allowable  bore  range:  1.374  to  1.376  in 

3.  maximum  torque  capacity:  700  in- lbs 

4.  maximum  operating  speed:  25,000  rpm 

5.  maximum  parallel  misalignment:  0.02  in 

6.  maximum  angular  misalignment:  0.5  deg 

7.  free  end  float:  T  0.031  in 

8.  torsional  rigidity:  0.00066  milliradians/oz - inch  (a  300 
in- lb  applied  torque  on  the  shaft  results  in  a  coupling 
torsional  deflection  of  0.182  deg) 

The  service  life  of  these  couplings  are  indefinite  as  long  as  one 
does  not  go  beyond  the  catalog  torque  and  misalignment  values.  They 
require  no  lubrication  or  dynamic  balancing  (during  the  course  of  personal 
correspondence,  Rexnord  engineers  felt  that  special  balancing  of  these 
couplings  will  not  be  necessary  since  the  operating  speed  is  way  below 
12,000  rpm).  The  price  per  coupling  is  $452.20. 

2. 2. 2. 5.  Gear  Mounts.  The  following  symbols  defined  below  are 
used  in  the  calculations  for  this  section. 


tecal  Disc 


a  inner  radius  of  gear 

a  -  1 . 348  in 

b  outer  radius  of  gear 

b  -  1.942  in 

E  Youngs  Modulus  of  steel 

30  x  106  psi  [6] 

P  internal  pressure  due  to  shrink  fitting 

u  radial  expansion 

U  radial  interference 

v  Poissons  ratio  for  steel 

i/  -  0.3  [6] 

{■  mass  density  of  steel 

f  -  7.253  x  10~4  lb-sec2/in4  [8] 

w  angular  velocity 

tj  -  942.478  rad/sec 

The  purpose  of  the  gear  mounts  is  to  fasten  the  gears  onto  the 
shafts.  The  general  requirements  the  mounts  should  meet  are  as  follows: 

1)  They  must  be  dynamically  balanced  to  minimize  extraneous 
vibrations . 

2)  The  gear  mounts  must  keep  the  level  of  gear  expansion  to  a 
minimum  and  hence,  prevent  additional  stresses  on  the  mating 
tooth  surfaces. 

3)  They  must  have  the  desired  operating  speed  and  torque  rating. 

4)  The  installation  and  removal  of  the  mounts  should  be  quick  and 
easy;  since  the  test  and  drive  gears  will  be  periodically 
removed  and  replaced. 

5)  The  mounts  should  be  lightweight  to  prevent  any  sizable 
increase  in  bearing  loads  and  the  lateral  deflection  of  the 
shafts . 

6)  They  should  require  no  special  lubrication  and  must  have  an 
appreciable  service  life. 

A  survey  of  various  types  of  mounts  commercially  available  led  to 


the  following  specif ictions : 
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1. 

2. 

3. 

4. 


operating  speed:  9000  rpm 
torque  rating:  301.11  in- lbs 

allowable  gear  diameter  expansion:  0.001  to  0.002  in 
service  life:  10,000  to  20,000  hrs 


Based  on  these  requirements  Ringfeder  Gear  Mounts  were  selected. 
These  mounts  provide  an  adjustable  and  releasable  mechanical  shrink  fit 
without  any  of  the  problems  associated  with  shrink  fitting.  The  other 
advantages  of  using  these  mounts  are  as  follows: 


1)  They  are  especially  designed  for  high  speed  operations;  and 
are  able  to  transmit  high  torques. 

2)  They  keep  gear  diameter  expansion  to  a  minimum. 

3)  They  require  no  special  lubrication. 

4)  They  are  easy  to  install  and  remove. 

5)  They  are  not  affected  by  dynamic  or  shock  loads. 

6)  They  require  no  shaft  keyways  or  splines. 

The  following  calculations  provide  an  approximation  of  the  radial 
expansion  of  the  gear  that  results  in  shrink  fitting  the  gear  onto  a 
bushing. 

Gear  Expansion 

One  method  of  mounting  the  gear  on  the  shaft  is  to  shrink  fit  the 
gear  onto  a  bushing  (see  Figure  2.14)  and  then  mount  this  unit  on  the 
shaft  via  keyways  or  splines.  The  radial  expansion,  u,  of  the  gear 
subjected  to  an  internal  pressure,  p  (due  to  shrink  fit),  is  given  by  [6] 
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E(b2-a2)  E 
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2(1 . 348)2  (p)  (1.942)  (7 . 253xlO'4 ) (942 ,478)2 (1.942)  .3+0.3 

(30xl06 )((1. 942)2-(1.348)2)  30x10s  (  8  ' 


{((1.348)2  +  (1 . 942)2  )  (1-0.3)  +  (1 . 348)2  (1+0 . 3)  -  -(— d-942)2) 
-  1.203  x  10‘7  p  +  9.0  x  IQ'5 


where  w  is  the  angular  velocity  of  the  unit  and  internal  presure,  p,  is 
related  to  the  initial  radial  interference,  U,  by  [6] 

u  -  f2  +  U  +  Id-*')®2  +  (3+t/)b2  ) 

„  (1 . 348)p  ,(1.942)2  +  (1.348)2  ,,  1.348  (7 . 253xl0*4 ) (942 . 478)2 

(30x10s)  ' (1 . 942)2  -  (1.348)2  +  X)  +  4  (30xl06) 

{(1-0. 3)(1. 348)2  +  (3+0. 3)(1. 942)2) 

Assigning  a  value  of  0.002  in  to  U  and  solving  for  the  internal 
pressure  results  in  p  -  10,955  psi.  Substituting  this  value  for  p  into 
the  equation  for  radial  expansion  results  in  u  -  1.405  x  10*3  in.  To 
determine  at  what  speed  the  shrink  fit  becomes  completely  ineffective,  we 
set  p  -  0  in  the  radial  interference  equation  and  solve  for  w.  In  doing 
so,  we  find  w  -  4231.226  rad/sec  or  673.421  cycles/sec.  This  value  is,  of 
course,  far  above  the  operating  speed  of  the  test  apparatus. 

Based  on  these  calculations,  Ringfeder  Gear  Mounts  were  selected. 
These  mounts  are  frictional  locking  devices  that  offer  all  the  advantages 
of  a  shrink  fit  but  none  of  its  problems.  The  fact  that  they  can  provide 
an  adjustable  and  releasable  shrink  fit  is  of  great  importance  to  our 
application.  The  schematic  of  the  gear  mount  is  shown  in  Figure  2.15.  As 
shown,  the  mount  consists  of  a  locking  element,  clamp  plate,  and  bushing. 
The  locking  element,  in  turn,  consists  of  an  inner  and  outer  tapered 


Clamp  Place 


Figure  2.15  Gear  Mount  and  Ringfeder  Locking  Element 


ring.  When  each  of  the  clamp  plate  screws  are  tightened,  it  exerts  an 
axial  force  on  the  ring.  This  force  generates  radial  clamping  pressures 
on  the  shaft  and  bushing  bore,  providing  a  frictional  connection  and 
hence,  transmitting  the  required  torque  to  the  gear. 

The  locking  element  is  made  of  alumir  ira  and  has  a  torque  capacity 
of  1510  in-lbs.  The  radial  expansion  of  the  gear  as  a  result  of  the 
radial  force  on  the  locking  element  is  approximately  1.2  x  10‘3  in  [25], 
The  weight  and  price  of  the  locking  element  are  0.0312  lbs  and  $4.00, 
respectively.  Unlike  the  locking  element,  the  bushing  and  clamp  plate  are 
special  order  items.  The  complete  drawings  of  the  bushing  and  clamp  plate 
are  provided  in  Appendix  B.  To  ensure  safe  operation  of  the  gear/mount 
unit,  it  was  important  to  select  a  material  for  the  bushing  that  has  a 
thermal  expansion  coefficient,  a,  which  is  greater  than  that  of  the  gear 
material.  The  material  selected  for  the  bushing  is  AISI  C1045  steel.  The 
thermal  expansion  coefficient  of  this  material  at  250*F  (estimated 
operating  temperature  of  the  gear  set)  is  7.94  x  10'6/°F  [6], 

2. 2. 2. 6.  Shafts .  The  symbols  defined  below  are  used  in  the 
calculations  for  this  section. 

A  solid  shaft  cross-sectional  area 

A  -  1.485  in2 

A0  hollow  shaft  cross-sectional  area 

Cm  numerical  combined  shock  and  fatigue  factor  applied 

to  the  computed  bending  stress,  a 
Cm  -  1.5  (for  steady  loads)  [9] 

Ct  the  corresponding  factor  to  be  applied  to  the  computed 

shear  stress,  r 

Cc  -  1.0  (for  steady  loads)  [9] 

d  shaft  diameter 

d  -  1.375  in 


E  Youngs  Modulus  of  steel 

E  -  30  x  106  psi  [6] 

f  natural  frequency 

Fn  tooth  load 

Fn  -  177.94  lbs  (see  Low  Friction  Bearings) 

G  shear  modulus  of  steel 

G  -  11.5  x  106  psi  [9] 

g  gravitational  constant 

g  -  386  in/sec2 

I  moment  of  inertia  for  a  solid  shaft 

IQ  moment  of  inertia  for  a  hollow  shaft 

J  polar  moment  of  inertia  for  a  solid  shaft 

JQ  polar  moment  of  inertia  for  a  hollow  shaft 

k  spring  constant 

K  stress  concentration  factor 

L  length  of  shaft 

L  -  8.5  in 

M  bending  moment 

m  mass  per  unit  length 

m  -  0.415  lb  m/in 

n  mode  number 

r  shaft  radius 

r  -  0.6875 

T  applied  shaft  torque 

T  -  301.11  in-lbs 

y  shaft  lateral  deflection 

4>  angular  deformation  of  shaft 

8  slope 

r  shear  stress 

a  bending  stress 

f  mass  density  of  1045  steel 

f  -  0.28  lb  m/in3  [8] 


The  primary  purpose  of  the  shafts  is  to  transmit  the  power  from  the 
motor  to  the  gears.  The  general  requirements  the  shafts  should  meet  are: 

1)  They  should  be  dynamically  balanced  to  minimize  extraneous 
vibrations;  and  provide  center- to-center  accuracy  to  minimize 
parallel  and  angular  misalignments. 

2)  The  required  finish  and  tolerance  levels  of  the  shafts  must  be 
compatible  to  the  levels  accepted  by  the  couplings,  bearings, 
and  gear  mounts. 

3)  The  shafts  must  possess  a  very  low  runout  (runout  is  the 
deviation  of  the  shaft  diameter  over  its  length) . 

4)  They  must  be  torsionally  rigid  to  prevent  torsional  vibrations 
that  influence  gear  action  and  cause  premature  bearing  wear. 

Based  on  these  requirements  and  following  a  survey  of  various  types 
of  shafts,  the  following  specifications  were  selected: 

1.  precision  ground  1045  steel  shafts 

2.  tolerance  range:  1.3745  to  1.3755  in 

3.  runout:  0.001  to  0.002  in  overall  shaft  length 

4.  finish  range:  10  to  16  micro- inches  RMS 

5.  shaft  size:  1.375  in 

6.  shaft  speed:  9000  rpra 

Based  on  these  specifications,  Centrall  Centerless  Grinding 
Company's  precision  ground  1045  steel  shafts  were  selected.  The  reasons 
for  the  selection  of  precision  ground  shafts  are  the  following: 

1)  They  are  most  suitable  for  high  speed  applications.  In 
particular,  they  provide  center- to-center  accuracy  and  can 
be  dynamically  balanced  to  minimize  extraneous  vibration. 

2)  A  very  smooth  finish  is  easy  to  obtain  on  a  ground  shaft. 

3)  The  shaft  runout  can  be  kept  to  a  minimum. 

4)  They  have  sufficient  torsional  rigidity. 
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The  following  calculations  pertain  to  both  drive  and  test  section 
shafts,  since  these  shafts  are  identical  in  size  and  property.  In  those 
areas  where  the  calculations  differ  significantly,  it  will  be  so  noted. 


Torsional  Stiffness 


A  shaft  that  permits  excessive  angular  displacement  may  contribute 
to  vibrations  (both  torsional  and  lateral),  affect  gear  action,  and  cause 
premature  bearing  wear  or  failure  [6],  Therefore,  it  was  extremely 
important  to  select  a  shaft  with  high  torsional  rigidity.  The  angular 
deformation  of  the  shaft  due  to  torque  T  is  given  by  [9] 


It  (301. 11)(8.5) 

*  “  JG  "  (J) (11 . 5  x  106) 

where  the  polar  moment  of  inertia,  J,  for  a  solid  shaft  is  given  by  [9] 


J  -  .  0.3509  in* 


Hence,  <j>  -  6.3421  x  10'4  radians  or  0.0363  degrees.  Although  no  standard 
torsional  deflection  has  ever  been  established  for  different  shaft 
applications,  it  has  become  standard  practice  to  limit  the  torsional 
deflection  for  transmission  shafting  to  one  degree  in  a  length  of  20  times 
the  shaft  diameter  or  [6] 


1’°  deg  (20) (d)  "  10  deg  (20) ( 1 . 375)  ~  °'309  deg 

Since  this  value  is  greater  than  the  calculated  value,  the  shaft  is 
sufficiently  rigid  [6] 


Lateral  Deflection 

In  order  to  determine  shaft  deformation  due  to  the  gear  tooth  load 
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Fn,  consider  Figure  Figure  2.16.  Here  we  treat  the  shaft  as  a  beam. 
Assuming  Fn  acts  at  the  center  of  the  beam  and  neglecting  the  weight  of 
the  shaft,  gear,  and  gear  mount,  the  maximum  deflection  of  the  shaft  is  [9 

Fn  L3  (177.94)(8  5)3 
ymax  "  48  El  <48 ) (30  x  106)(I) 

where  the  shaft  moment  of  inertia,  1,  is  determined  by  [9] 

X  ,^875)1.  o.i755  in4 

Hence,  ymax  -  4.3250  x  10*4  inches.  The  slope  at  the  ends  of  the  shaft  is 
given  by  [9] 

Fn  L2  (177 . 94) (8 . 5)2 

16  El  16  (30  x  106 ) (0 . 1755) 

-  1.5264  x  10'4  rad  (8.7456  x  10’3  deg) 


Net  Clearance 

To  check  if  this  value  for  the  slope  will  not  cause  the  shaft  to 
rub  against  the  inner  surface  of  the  air  bearing  during  operation, 
consider  Figures  2.17  and  2.18,  where  ID  (inner  diameter  of  the  bearing)  - 
1.3760  in,  OD  (outer  diameter  of  the  bearing)  -  2.1255  in,  L  (bearing 
length)  -  1.375  in,  D  (maximum  shaft  diameter)  -  1.3755  in,  and  9  - 
8.7456  x  10'3  deg.  Note  that  the  initial  clearance  between  the  shaft  and 
the  inner  bearing  surface  is  0.00025  in.  An  exaggerated  picture  of  the 
shaft  bending  inside  the  bearing  during  operation  is  shown  in  Figure  2.18. 
The  net  clearance,  x,  between  the  shaft  and  the  inner  surface  of  the 
bearing  is  given  by 


x 


(12)  _  5  (_J_) 

1  2 '  2  'cos  ©; 


(L)tan  9 


O’bBnS  j  ant) 


U.tft.'rav'Ct. 


(load  on  shafc) 
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Substituting  the  given  values,  x  -  +  1.4506  x  10*4  in.  Since  the 
calculated  value  for  x  is  positive,  the  shaft  will  not  make  contact  with 
the  bearing  inner  surface  during  operation  and  hence,  prevent  bearing  wear. 

Maximum  Static  Shearing  Stress 
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For  rotating  shafts,  the  bending  stress  varies  continuously  from 
maximum  tension  to  maximum  compression  [9].  To  compensate  for  the  harmful 
effects  of  load  fluctuation,  the  ASME  (American  Society  of  Mechanical 
Engineers)  code  for  the  design  of  transmission  shafting  was  employed.  The 
code  makes  the  proper  allowance  for  load  fluctuations  by  inserting  the 
constants  Cm  and  Cc  into  the  maximum  shear  theory  of  failure  as  follows 
[9]  : 


’  max 


j(-~)2  +  <Ct  r)2 

where  rmax  -  maximum  shear  stress.  The  bending  stress,  a,  is  given  by  [9] 


32  M  32  M 
a  "  »  d3  “  *  (  1 .  375)J 


where  the  bending  moment,  M,  is  given  by  [9' 


M  -  Fn  (|)  -  177.94  (^)  -  756.245  in-lbs 


Hence,  a  -  2963.155  psi.  The  shear  stress,  r,  is  determined  by  [9] 


Tr  f 301 .11)^0.6875)  r„„ 

r  "  J - - - 0509 -  589  949  ln'lbS 


Substituting  the  values  for  a  and  r  into  the  ASME  code  yields  - 

2299.337  psi.  The  yield  and  tensile  strength  of  1045  steel  is  90,000  and 
103,000  psi,  respec tive  lv .  Note  that  the  calculated  maximum  shear  stress 
is  significantly  less  than  half  the  material  yield  strength  ( a .. r> / 2 )  . 


Shaft  Natural  Frequency 


The  following  calculations  were  made  to  determine  the  natural 
frequency  of  the  shaft  in  bending  for  three  different  end  conditions  The 
end  conditions  were  carefully  selected  to  resemble  what  might  occur  dur iru; 
actual  operation.  Assuming  that  the  shaft  behaves  like  a  uniform  beam, 
the  first  arrangement  considered  was  a  simply  supported  beam,  as  shown  in 
Figure  2.19.  The  natural  frequency  of  this  system  is  given  by  [19] 
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fA  2m  V8.3; 
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For  n  -  1,  ft  “  77.364  cycles/sec;  for  n  -  2.  f2  -  309  456  cycles,  sec,  ar.d 
for  n  -  3,  fj  -  696.276  cycles/sec.  Since  the  natural  frequency  in  mode  1 
is  less  than  the  operating  speed  of  the  shaft  (150  cycles  sec),  it  is  of 
vital  importance  that  the  shaft  speed  pass  mode  1  within  a  fraction  -  f  a 
second  to  avoid  large  vibrations. 

The  second  arrangement  considered  was  a  uniform  be  am  with  fixed 
ends  (as  shown  in  Figure  2.20),  The  natural  frequency  of  this  svs-eri  is 
given  by  [20] 
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For  r.  -  1.  n,  -  4.730  [21]  .  for  n  -  2.  ’  3;  5  a:  '.  *  u  n  -  :  ... 

-  10.966  [21]  .  Hence,  the  corresponding  natural  f  r*  ,  .,r*-  ?•  - 

1  7  5.3  7  3  cycles/sec.  f^  -  48  3  40'*  cycles/sec.  and  fj  -  '*  *2  6 1  •’ 

Note  that  the  calculated  frequency  values  are  above  the  operating  sj . I  <>: 
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The  final  arrangement  that  was  considered  is  shown  in  Figure  2.21. 
Here,  the  ends  of  the  beam  are  supported  by  linear  springs  with  spring 
constant  k.  Neglecting  the  beam  stiffness  and  assuming  small 
oscillations,  the  frequencies  of  this  two-degree  of  freedom  system  are 
determined  by  [19) 

2  1  ,2k  kl2  1, 2k  kU  2  4k2 L2 

K  ,2  “  2  +  ir *  f  sr  +  2J-)  • 

1  ,  2k  k(8 . 5)2  -  1  2k  k  (8.5)2  ?  4k2(8.5)2 

“2  0.415  +  2(0.3509)  Kl0.415  2(0.3509)  J  *  (0 . 415) (0 . 3509) 


Assuming  k  -  10,000  lb-in,  -  219.528  rad/sec  and  w2  -  1014.64  rad/sec. 
Dividing  both  and  uj  by  a  factor  of  2n  we  obtain  the  natural  frequencies 
f1  -  (34.938  cycles/sec)  and  f2  •»  (161.485  cycles/sec).  Again,  since  ^ 
is  less  than  150  cycles/sec,  it  is  imperative  that  the  shaft  speed  pass 
mode  1  within  a  fraction  of  a  second  to  avoid  large  vibrations. 


Shaft  Critical  Speed 


The  shaft  critical  speed  is  another  phenomenon  that  deserves 
consideration.  Rotating  shafts  also  become  dynamically  unstable  at  their 
critical  speeds  and  large  vibrations  can  develop  [9).  The  equation  for 
finding  this  speed  is  as  follows  [9]: 

i_  k(wt  yi  +  wzyz  +  . . .) 

1  In  k  (W,  y,2  ♦  W*2  V22  +  .  .  .  ) 

where  V,  ,  W2 ,  etc.,  are  the  weights  of  the  rotating  bodies,  and  y ,  ,  yi  , 
etc.,  represent  the  respective  static  deflections  of  the  weights.  The 
rotating  bodies  on  the  drive  and  test  section  shafts  are  the  gears  and 
their  mounts.  The  combined  weight,  V,  of  the  gear  and  its  mount  is 
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approximately  3  lbs  and  it  acts  at  the  center  of  the  shaft.  The  respec¬ 
tive  maximum  static  deflection,  y,  of  the  3  lb  weight  is  7.290  x  10'6  in. 

'  "i 

?'# 
t  A 

t  -  , 

Hence,  the  above  equaton  reduces  to: 

1  e(Wv)  1  .  386(3)(7.290  x  10*6)  . . 

f  "  2k  2 jt  \  (3X7.290  x  10‘6)<  1158 ' 111  cycles/sec 

M 

Note  that  the  normal  operating  speed  of  the  shaft  (150  cycles/sec)  is 

significantly  below  the  calculated  critical  speed,  hence,  safe  operation. 
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Deflection  of  the  Drive  Section  Shaft 
of  Non-Uniform  Diameter 

The  following  calculations  determine  the  angular  and  lateral 

# 

ij 

deformation  of  the  non-uniform  drive  section  shaft  that  transmits  the 

% 

power  from  the  motor  to  the  gears.  As  shown  in  Figure  2.22,  this  shaft  is 

supported  by  roller  bearings  and  the  length  of  the  shaft  between  the 

fS 

s 

If! 

bearings  is  9.050  in.  The  angular  deformation,  4> ,  of  the  shaft  is  given 

by  [13] 

l{i 

*  -  (i>  <77  +  it5 
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* 

where  Li  -  5.716  in,  L2  -  3.334  in,  J 1  (polar  moment  of  inertia  of  the  one 

v, 

v, 

V 

inch  section)  -  0.09817  in4,  and  J2  (polar  moment  of  inertia  of  the  1.375 

in  section)  -  0.3509  in4.  Substituting  these  values  and  the  value  for  T 

and  G  into  the  above  equation  yields,  d  ”  1.773  x  10*5  rad  or  0.102  deg. 

As  a  check  on  the  shaft  torsional  rigidity  the  rule  of  limiting  the 

5* 

1 

; 

torsional  deflection  to  one  degree  in  a  length  of  20  times  the  shaft 

diameter  is  again  applied.  For  the  one  inch  section: 

;!■' 

1  de*  (20H1)  '  0  286 

77 


A' 


For  the  1.375  in  section: 

1  deg  (20) (1 .37  3)  “  0121  de8 

Since  the  calculated  torsional  deflection  is  less  than  the  above  values, 
the  non-uniform  drive  shaft  is  sufficiently  rigid. 

The  lateral  deformation  of  the  non-uniform  shaft  is  the  direct 
result  of  the  net  belt  pull  of  the  speed  increaser.  The  net  belt  pull  is 
262.96  lb  (see  Pulleys  and  Belts)  and  it  acts  at  point  C  (see  Figure  2.23) 
Treating  the  shaft  as  a  non-uniform  beam,  the  deflection,  y  and  slope,  0 
at  points  A,  B,  C,  and  E  were  determined  using  the  method  of  integration 
[13]  and  the  following  boundary  conditions: 
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From  static  analysis  the  reactions  at  A  and  B  were  found  to  he  1  ’ Q  V'-  ’. 
and  83  038  lbs.  respectively  Note  that  point  F.  (the  point  at  which  the 
cross-sectional  area  increases)  suffers  the  largest  deflection  F.-en  v- 
this  value  is  far  below  the  misalignment  capability  of  the  se  •> .  'oi  shit 
coupling.  The  maximum  parallel  misalignment  of  the  coupling  is  o  0,’  in 
It  is  well  known  that  shafts  with  an  abrupt  change  in  the  di.<m«>*< 
of  its  cross-section  suffers  high  stresses  at  the  point  of  di  s  ■  u i  r-.u  i  • 
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hence,  it  is  important  to  determine  these  stresses.  As  shown  in  Figure 
2.24,  a  fillet  radius  of  0.20  in  was  selected  to  reduce  the  high  stresses 
at  point  E.  The  maximum  shear  stress  at  this  point  is  determined  by  [13] 


f  max 


Tr 

K  (f ) 


1 . 2  (Wl^lllr) 


where  K  -  1.2  [9],  J  (polar  moment  of  inertia  of  the  smaller  shaft)  - 
0.09817  in4,  and  r  (radius  of  the  smaller  shaft)  -  0.5  in.  Therefore, 
rraax  ”  1840.338  psi.  A  higher  value  for  the  maximum  shear  stress  was 
achieved  when  the  ASME  code  for  the  design  of  transmission  shafting  was 
used.  In  particular,  rmax  was  found  to  be  2803.339  in-lbs.  In  any  case, 
both  the  calculated  values  are  far  below  the  yield  strength  of  the  shaft 
material  (<7ys/2  -  45,000  psi). 


The  Mounting  of  Strain  Gages  and  Slip  Ring 

In  order  to  accommodate  the  leads  from  the  strain  gages  to  the 
slip  ring,  one  of  the  test  section  shafts  is  made  with  a  3/8  in  internal 
bore  over  its  whole  length  (the  overall  length  of  the  shaft  is  13.875  in, 
as  shown  in  Figure  2.25).  The  leads  are  brought  into  the  shaft  through  a 
1/8  in  radial  hole  bored  through  the  shaft  diameter.  Since  we  now  have  a 
hollow  shaft,  the  area  and  inertias  of  the  shaft  change.  The  moment  of 
inertia,  IQl  is  given  by  [9] 
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where  rQ  (radius  of  the  hole)  -  0.1875  in.  Hence,  IQ  -  0.1745  in4.  The 
polar  moment  of  inertia,  J0,  is  determined  by  [9] 
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Jo  -  \  (r4  -  r04) 

-  |  { (0.6875)4  -  (0.1875)4} 

-  0.3490  in4. 

The  shaft  cross-sectional  area,  A0,  is  1.3744  in^.  Note  that  these  values 
are  very  close  to  the  values  calculated  for  the  solid  shaft.  In  fact,  the 
following  data  shows  that  a  3/8  in  internal  bore  has  little  or  no  effect 
on  the  shaft  operation.  It  is,  as  though,  the  hollow  shaft  is  behaving 
very  much  like  the  solid  shaft.  Following  the  same  procedures  as  for  the 
solid  shaft: 

The  angular  deformation,  <f>  -  6.3774  x  10'4  rad  or  0.03653  deg 

The  lateral  deformation,  y  -  4.3490  x  10‘4  in 

The  slope,  6  -  1.5349  x  10'4  rad  or  8.7947  x  10* 3  deg 

The  natural  frequencies  for: 

The  simply  supported  case:  f^  -  80.183  cycles/sec 

f2  -  320.739  cycles/sec 
f3  -  721.663  cycles/sec 

The  fixed  case:  fj_  -  181.766  cycles/sec 
f2  “  501.029  cycles/sec 
f3  -  976.986  cycles/sec 

Spring  attached  case  (for  k  -  10,000  lb/in): 

-  36.284  cycles/sec 
f2  -  161.947  cycles/sec 

When  determining  the  shear  stress  it  is  important  to  take  into 
consideration  the  1/8  in  transverse  hole  in  the  shaft.  For  a  dD/d  ratio 
of  0.091  (where  d0  -  diameter  of  the  hole  and  d  -  shaft  diameter),  the 
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stress  concentration  factor,  K,  for  torsional  loading  is  1.86  [9]  and  the 
shear  stress  is  given  by  [9] 


r  -  1.86  (t^)  -  1.86  ( 


.  ( 301 . 11 ) (0 . 6875 ) 
0.3490 


)  -  1103.279  psi 


Applying  the  ASME  code,  the  maximum  shear  stress,  Tmax  -  5237.031  psi. 
The  stress  concentration  factor  for  bending  is  2.3  [9]  and  the  bending 
stress  is  given  by  [9] 


„  ,  ,Mr,  „  ,  ,  (756 . 245) (0 . 6875) ,  _ 

a  -  2.3  (— )  -  2.3  ( - o" '"1745 - >  “  6852.793  psi 


Based  on  these  calculations,  Centrall  shafts  were  selected.  The 
Centrall  1045  steel  shafts  are  case  hardened  and  chrome  plated  to  provide 
corrosion  and  fatigue  resistance.  The  Centrall  shaft  has  a  tolerance 
range  of  1.3745  to  1.3755  in,  shaft  finish  of  10  to  16  micro-inches  RMS, 
and  a  runout  of  0.0005  inches  per  foot.  In  order  to  keep  the  shaft  runout 
to  a  minimum  and  therefore  prevent  shaft  "wobble"  during  high  speeds, 
Centrall  engineers  have  recommended  that  shaft  length  not  exceed  three 
feet.  More  bearings  have  to  be  employed,  in  the  event  the  shaft  length 
has  to  exceed  three  feet.  The  weight  and  price  per  inch  of  shaft  are 
0.420  lb  and  $2.20,  respectively. 


2.2.3.  Lubrication  System 

This  section  provides  a  description  of  the  selected  lubrication 
system  and  the  basis  for  its  selection.  The  main  components  of  the 
lubrication  system  along  with  the  drive  section  of  the  gear  tester  will  1 
placed  in  an  acoustically  isolated  chamber.  Therefore,  unlike  the 
previous  section,  noise  plays  a  minor  role  in  the  selection  of  the  svste~ 


components . 


y. 


m 


The  purpose  of  the  lubrication  system  is  to  cool  and  lubricate  th«- 
mating  teeth  surfaces  of  the  drive  and  test  gears.  Due  to  the  specific 
requirements  of  this  particular  design  (Four  Square  Tester),  we  have 
narrowed  down  Che  general  considerations,  which  have  to  be  taken  into 
account  in  the  selection  of  the  lubrication  system,  to  the  following 

1)  Uniformity:  The  application  of  the  lubricant  should  be  made 
in  a  manner  that  assures  complete  and  uniform  distribution 
between  the  frictional  surfaces.  The  volume  of  the 
lubricant  applied  is  also  an  important  criterion  Excessive 
amount  of  lubricant  at  the  tooth  mesh  will  create  additional 
heat  (in  addition  to  frictional  heat)  because  of  its  rapid 
expulsion  from  the  mesh  [11,26], 

2)  Viscosity:  The  viscosity  of  the  lubricant  plays  an  important 
role  in  the  selection  of  the  lubrication  system.  Since  the 
gear-teeth  contact  areas  are  relatively  small,  the  contact 
unit  pressures  are  comparatively  high.  It  is  therefore 
important  to  provide  a  film  of  lubricant  of  sufficient 
strength  to  withstand  the  localized  pressure  during  the 
period  of  tooth  contact.  The  length  of  time  the  lubricant 
must  withstand  these  local  stresses  is  governed  by  the 
pitch-line  velocity  of  the  gear  set,  and  hence,  when  the 
speeds  are  high,  the  gear-tooth  contact  time  is  short  and 
the  loads  are  usually  light.  As  a  result,  a  lubricant  of  a 
relatively  low  viscosity  can  be  used  [12]. 

3)  Centralized  System:  A  centralized  lube  system  is  most 
practical  economically.  A  lubrication  system  with  a  central 
station  consisting  of  a  reservoir  and  pump  can  simultaneously 
serve  both  the  test  and  drive  gears. 

4)  Automatic  and  Continuous:  A  sufficient  amount  of  lubricant 
must  be  continuously  supplied  to  the  gear  surface  to  sustain 
an  adequate  minimum  film  thickness  and  maintain  safe  tempera¬ 
ture  levels  (in  we  1 1  -  des  i  gr.ed  aerospace  gears,  the  temperature 
rise  of  the  gear  bodv  over  the  incoming  oil  temperature  ought 
not  to  exceed  u5’F  [ 1 0  ]  )  .  One  form  of  gear  wear,  due  to 
inadequate  lubrication,  is  gear  scoring,  which  is  especially 
found  in  heavi Iv - loaded  and  fast-running  gears.  The 
frictional  hea‘  developed  in  the  intra-tooth  region  of  these 
gears  can  be  severe  enough  to  vaporize  the  oil  film  in  this 
region.  The  break  down  of  the  oil  film  results  in  metal-to- 
metal  contact  of  the  mating  teeth  surfaces  which  in  turn 
leads  to  welding  and  radial  tearing  of  the  surfaces.  This 
radial  tearing  action  is  better  known  as  scoring.  A  mild 
extreme  pressure  (EP)  lubricant  will  often  prevent  this  type 
of  failure  because  of  its  abilitv  to  prevent  welding  [10,26], 


An  automatic  system  is  more  accurate,  in  the  sense  that 
frequency  and  volume  rate  of  lube  application  can  be 
controlled . 
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Based  on  the  above  considerations  and  following  a  survey  of  variou 
types  of  lubrication  systems  commercially  available,  the  following 
spec i f icat ions  were  selected: 

1.  an  oil  lubrication  system  with  spray  nozzles  of  the 
atomizing  type. 

2.  spray  nozzles  with  desired  volume  rate  and  spray  pattern. 

3.  a  central  reservoir  with  a  capacity  to  hold  2  to  3  quarts  of 
oil . 

4.  SAE  90  oil  (this  oil  type  is  most  suitable  for  helicopter 
gear  boxes  where  extreme-pressure  properties  are  required. 

The  maximum  viscosity  rating  of  this  oil  at  210°F  is  120  SUS 
(Savbolt  Universal  Seconds) .  It  is  estimated  that  our 
operating  oil  temperature  will  not  exceed  the  200°F  [10], 

5.  a  pump  large  enough  to  force  oil  to  the  gears. 

6.  adjustability  of  the  pump  stroke  (to  regulate  the  amount 
of  oil  sprayed  onto  the  gears) . 

7.  a  source  of  air  at  50  to  100  psi. 


Based  on  these  specifications  a  Farval  Single  Line  Pressure - Sprav 
Lubrication  system  was  selected.  A  pressure  -  spray  lubrication  system  va 
selected  for  the  following  primary  reasons: 

1)  Pressure  -  spray  lubrication  is  one  of  the  most  effect:  • 
methods  of  distributing  the  lubricant  uniformly  eve; 
frictional  surfaces  of  high  speed  gears . 

2)  The  application  of  the  oil  spray  can  be  d  :  e 
and  continuously. 

3)  The  combination  of  a  centralized  svst.  -  .•  : 

of  the  pump  stroke  makes  the  pros'";:.'  ;  : 

system  the  most  efficient  and 
lubricating  high  speed  gears 

The  purchased  matching  components  of  • 1  • 
are  the  following: 


MICROCOPY  RESOLUTION  TEST  CHART 
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1)  A  central  reservoir  with  the  capacity  to  store  and  provide 
oil  to  the  gears  for  approximately  16  hours  of  continuous 
operation  of  the  tester. 

2)  A  pump  large  enough  to  force  oil  to  the  gears. 

3)  A  pressure  gauge  to  monitor  the  outlet  pressure  of  the  pump 
and  to  prevent  hazardous  over  pressuring  of  the  system. 

4)  A  timer  that  allows  the  appropriate  oil  application  frequency 
and  interval  of  discharge. 

5)  Spray  nozzles  with  the  desired  volume  rate  and  spray  pattern. 

6)  Valves  and  manifolds  to  direct  and  meter  the  flow  of  oil  and 
air. 

7)  Air  regulators,  filters,  and  lubricators  to  provide  clean  and 
dry  air  to  the  pump  .nd  maintain  smooth  and  safe  operation. 

8)  The  appropriate  piping  large  enough  to  carry  the  required 
volume  of  oil  and  air  from  the  pump  to  the  gears  at  a  safe 
unit  pressure. 

The  Farval  Single  Line  Pressure-Spray  Lubrication  system  is  an 
automatic  and  quasi-continuous  spraying  system  with  the  following 
desirable  features: 

1)  The  lubricant  is  supplied  to  the  gears  from  a  central  source 
that  consists  of  an  oil  reservoir,  pneumatic  pump,  pressure 
gauge,  and  rupture  pressure  disk  indicator.  The  oil 
reservoir  is  mounted  on  the  pump  and  the  oil  is  fed  into 
the  pump  via  gravitational  forces  (gravity  feed) .  The 
reservoir  has  a  transparent  plastic  body  (hence,  eliminating 
the  need  for  an  oil  level  indicator)  and  a  capacity  to  hold 
2.5  quarts  of  oil.  The  reservoir  is  filled  from  the  top 
through  an  oil  fill  cap  and  filter  screen. 

The  Farval  pneumatic  pump  has  an  helical  spring  attached  to 
its  piston.  A  minimum  air  pressure  of  50  psi  is  needed  to 
compress  the  pump  spring  and  activate  the  piston.  The 
forward  thrust  of  the  piston  sends  a  pulse  of  oil  to  the 
spray  nozzles.  The  discharge  capacity  of  the  pump  is 
between  0.015  and  0.068  cubic  inches  per  stroke  (Farval 
engineers  have  suggested  an  initial  setting  of  0.068 
cubic  inches  per  stroke).  The  pump  also  consists  of  an 
indicator  stem  with  an  adjustment  screw  that  allows  the 
regulation  of  the  pump  stroke.  The  total  lube  quantity 
discharged  can  be  increased  or  decreased  by  adjusting  the 
pump  stroke.  The  frequency  of  the  stroke  is  regulated  by  a 
non-adjustable  cam  type  timer  that  allows  one  pump  stroke 
every  four  seconds.  To  monitor  the  pump  output  oil  pressure, 
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a  pressure  gauge,  with  a  3000  psi  capacity,  and  a  rupture 
pressure  disc  indicator  are  attached  at  the  pump  outlet.  The 
rupture  pressure  disc  indicator  acts  as  a  relief  valve.  In 
the  event  the  pump  output  pressure  exceeds  3000  psi,  the 
3/8  in  rupture  disc  will  burst,  but  will  allow  the  lubricant 
to  continue  its  flow. 


2)  The  cam  type  non- adjustable  timer  allows  an  interval  of  oil 
and  air  discharge  (from  the  nozzles)  of  2.0  seconds  (i.e., 
lube  is  continuously  applied  to  the  gears  for  2.0  secs).  It 
has  a  fixed  "on"  and  "off"  time  of  2.0  seconds.  The  voltage 
rating  of  the  timer  is  120  V  at  60  hz. 

3)  The  design  of  the  Farval  spray  nozzle  is  such  that  the 
viscosity  of  the  lubricant  cannot  exceed  2000  SUS,  the  volume 
of  lube  discharge  per  cycle  is  0.005  cubic  inches,  and  the 
spray  pattern  takes  the  form  of  a  cone  with  an  approximate 
cone  angle  of  18  degrees  (see  Figure  2.26).  The  volume  rate 
of  the  nozzle  can  be  determined  by  multiplying  the  volume 

of  spray  by  the  frequency  of  application.  Since  the 
frequency  of  oil  application  is  0.25  cycles  per  second,  the 


volume  rate  of  spray  per  nozzle  -  (0 . 005) (0 . 25) 

-  1.25  x  10* ^  in^/sec 


or  4.340  x  10" ^  ft^/min.  For  two  nozzles  the  volume  rate  of 
spray  is  8.681  x  10*5  ft3/min.  At  this  volume  rate  of  lube 
discharge,  a  2.5  quart  reservoir  will  supply  oil  to  the  nozzles 
for  approximately  16  hours.  Figure  2.26  also  shows  the  angle 
and  distance  at  which  the  spray  nozzles  should  be  positioned 
relative  to  the  gears.  The  maximum  working  pressure  of  the 
nozzle  is  500  psi. 


4)  The  timer  is  connected  to  a  three  way  solenoid  pneumatic 
valve.  The  main  functions  of  the  valve  are  to  cycle  the 
pump  and  blow  the  lubricant  from  the  spray  nozzles.  The 
Farval  solenoid  valve  has  a  maximum  operating  pressure  of 
150  psi  and  a  voltage  rating  of  120  V  at  60  Hz.  At  this 
voltage,  the  valve  in- rush  current  and  holding  current  are 
0.12  amps  and  0.09  amps,  respectively.  The  Farval 
manifold  acts  as  a  splitter  valve.  In  other  words,  the  oil 
flow  into  the  manifold  is  divided  equally  among  the  nozzles. 


5)  The  air  line  filter  will  allow  an  airflow  of  200  SCFM 

(Standard  Cubic  Feet  per  Minute)  and  tolerate  air  pressures 
up  to  150  psi.  The  maximum  operating  temperature  of  the 
40  p  porous  bronze  filter  is  120°F.  The  air  line  regulator, 
with  pressure  gauge,  will  allow  an  airflow  of  400  SCFM  at  a 
maximum  pressure  of  400  psi.  The  lubrication  system  has  two 
of  these  regulators  to  allow  independent  control  of  air 
discharge  to  the  nozzles  and  pump.  The  Farval  air  line 
lubricator  is  able  to  withstand  a  maximum  air  pressure  of 
150  psi  and  a  maximum  temperature  of  120°F. 
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6)  The  Farval  piping  includes  medium  and  low  pressure  hoses, 
hose  couplings  and  unions,  street  and  anchor  elbows  (used 
for  connecting  pipe- to -pipe ,  for  adding  branch  lines,  or  for 
changing  lube  line  direction),  and  line  strainers  (to  remove 
foreign  particles  from  oil  lines) .  The  medium  pressure  hose 
has  a  synthetic  rubber  casing  and  wire  braid  reinforcement. 

It  has  a  working  pressure  of  2,750  psi,  a  burst  pressure  of 
11,000  psi,  minimum  bend  radius  of  4  in,  and  a  temperature 
range  of  -40  to  +200°F.  The  low  pressure  hose  has  a  synthetic 
rubber  casing  with  cotton  braid  reinforcement.  It  has  a 
working  and  burst  pressure  of  500  and  2000  psi,  respecitvely , 
a  minimum  bend  radius  of  3  in,  and  an  operating  temperature 
range  of  -40  to  +200®F.  The  street  elbows  are  zinc  plated 
with  a  maximum  working  pressure  of  3500  psi.  The  anchor 
elbows  are  also  zinc  plated  but  with  a  maximum  working 
pressure  of  6000  psi.  The  Farval  wire  mesh  screen  type  line 
strainer  can  tolerate  oil  viscosities  up  to  2000  SUS  and  can 
withstand  up  to  5000  psi  working  pressure. 


A  schematic  of  the  Farval  automatic  pressure -spray  lubrication 
system  is  shown  in  Figure  2.27.  As  shown,  air  supply  at  50  to  100  psi 
enters  an  air  filter.  The  filtered  air  then  enters  a  three  way  solenoid 
valve  which  is  connected  to  a  timer.  The  timer  controls  the  valve  which 
will  do  two  things,  cycle  and  pump  and  blow  the  lubricant  from  the  spray 
nozzles.  Once  the  air  leaves  the  valve  it  enters  the  air  regulators.  The 
system  is  supplied  with  two  regulators  to  independently  control  the 
discharge  of  air  to  the  pump  and  nozzles.  Air  from  regulator  1  directly 
enters  the  spray  nozzles.  Air  from  regulator  2  first  enters  an  air 
lubricator  and  then  enters  the  pump.  When  air  pressure  is  applied  to  the 
pump  a  piston  moves  against  a  spring  and  forces  a  measured  amount  of 
lubricant  out  of  the  pump.  This  lubricant  is  forced  into  the  splitter 
valve  (manifold)  where  it  is  atomized  by  the  air  flow  through  that  nozzle 
and  sprayed  onto  the  gear.  The  excess  oil  in  the  manifold  is  fed  back 
into  reservoir  through  the  oil  return  line.  When  the  "on"  period  of  2.0 
seconds  is  over,  the  solenoid  valve  relieves  the  pressure  from  the  pump. 
This  allows  the  piston  in  the  pump  to  reset  itself.  The  air  valve  also 
stops  the  air  flow  through  the  spray  nozzles. 


Farval  Lubrication  System 


Since  Che  system  is  not  equipped  to  recirculate  the  oil,  the  used 
oil  will  be  collected  in  an  oil  pan  located  at  the  bottom  of  the  test  and 
drive  section  of  the  gear  box.  The  pans  will  be  periodically  removed  and 
emptied.  The  total  cost  of  the  Farval  lubrication  system  is  approximately 
$1290.75.  There  will  be  some  1/4  in  and  3/8  in  outer  diameter  tubing 
required.  The  cost  of  the  tubing  is  $0.45  and  $0.75  per  foot,  respec- 


3 . 0  INSTRUMENTATION 


This  section  provides  a  brief  description  of  the  instrumentation 
system  selected  to  monitor  speed,  vibration,  noise,  and  torque.  This 

instrumentation  system  consists  of: 

1)  A  high  precision  tachometer-generator  for  recording 
shaft  speed. 

2)  An  accelerometer  to  measure  shaft  vibration. 

3)  A  hydrophone  to  measure  gear  noise. 

4)  Strain  rosettes  coupled  with  a  slip  ring  to  measure  shaft 
torsional  strain  and  bending. 

The  following  paragraphs  will  describe  the  individual  components  in 
the  order  listed  above: 

Tachometer-Generator 

In  order  to  monitor  the  shaft  speed,  a  high  precision  tachometer- 
generator  was  purchased  along  with  the  selected  Contraves  motor  system. 
This  particular  tachometer  enables  the  experimenter  to  achieve  the  desired 
0.1%  long  term  shaft  speed  stability.  The  tachometer  is  temperature 
compensated,  possesses  a  ripple  of  0.5%,  and  has  an  extremely  linear 
voltage- speed  relationship  throughout  its  entire  speed  range,  providing 
accurate  regulation  for  shaft  velocity  feedback.  The  output  variations 
due  to  temperature  and  ripple  are  held  to  a  minimum.  It  also  features  a 
two-pole  construction  with  antifriction  ball  bearings,  and  a  totally 
enclosed  non-ventilated  steel  frame.  The  tachometer  weighs  35  lbs. 
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Accelerometer 


The  accelerometer  selected  to  measure  shaft  vibration  is  a  Bruel  & 
Kjaer  piezoelectric  transducer  that  has  the  following  desirable  features: 

1)  It  offers  excellent  immunity  to  temperature  transients  and 
acoustic  noise.  The  temperature  transient  sensitivity  is 

1(?-%  S —  for  3  Hz  (lower  limiting  frequency)  and  20  dB/decade. 

2)  It  has  an  ambient  temperature  range  of  -101  to  482°F. 

3)  The  frequency  response  is  relatively  flat  and  within  the 
range  of  interest.  The  relative  response  of  this  accelero¬ 
meter  is  +2  dB  at  25  KHz. 


4) 


It  has  a  charge  sensitivity  of  0.09627  pC  s2 

ft 


(or  3.1  pC/g) . 


5)  It  has  a  mounted  resonance  of  55  KHz. 


6)  It  is  lightweight  (0.00528  lbs)  and  small  in  size.  The 
dimensions  of  the  Bruel  and  Kjaer  accelerometer  is  given 
in  Figure  3.1. 

7)  It  has  an  acoustic  sensitivity  of  0.129  ft  (It  must  be  noted 

£2 

that  the  acoustic  sensitivity  is  specified  as  the  equivalent 
acceleration  given  by  a  154  dB  sound  pressure  level  which  is 
2  to  100  Hz). 


8)  The  mounting  of  the  Bruel  and  Kjaer  accelerometer  is  fairly 
simple.  One  accurate  method  to  mount  the  accelerometer  onto 
the  test  section  shaft  is  shown  in  Figure  3.2.  Here,  a  10-21 
UNF  steel  stud  is  used  to  screw  the  accelerometer  onto  the 
shaft.  To  accommodate  the  stud,  it  is  necessary  to  drill  a 
transverse  hole,  0.1575  in  in  depth,  into  the  shaft.  The 
optimum  torque  for  tightening  the  stud  is  15  in-lbs.  For 
improved  mounting  stiffness  a  thin  film  of  silicon  grease 
should  be  applied  to  the  base  of  the  accelerometer  before 
screwing  it  down  onto  the  shaft. 


Along  with  the  accelerometer  a  Bruel  &  Kjaer  charge  amplifier  was 
also  selected  to  condition  the  signal  before  input  into  an  analyzer.  This 
particular  amplifier  was  selected  for  its  low  noise  characteristics 
and  selectable  low  and  high  frequency  cutoffs.  The  cost  of  the 
accelerometer  with  charge  amplifier  is  $2916.00. 


Because  of  the  severe  environmental  conditions  inside  the  test 


section  gear  box,  a  hydrophone  was  selected  (as  opposed  to  a  microphone) 
to  measure  the  gear  noise.  The  selected  Bruel  and  Kjaer  hydrophone  has 
the  following  desirable  features: 


1)  It  is  oil  resistant. 

2)  Its  frequency  response  in  air,  as  shown  in  Figure  3.3,  is 
0.1  Hz  to  15  KHz  (-3  dB) ,  25  KHz  (-5  dB) . 

3)  The  operating  temperature  range  of  the  hydrophone  is 
-40  to  248°F. 


4)  The  dynamic  range  in  air  is  74  to  226  dB  re  20  pPa  (2  Hz 
to  25K  Hz) . 


5) 


Its  sensitivity  change  with  temperature: 

charge  <  +  0.017  dB/°F 
voltage  <  -  0.017  dB/° F 


6)  It  is  lightweight  (0.374  lb  with  cable)  and  small  in  siz-_.  The 
dimensions  of  the  hydrophone  are  provided  in  Figure  3.4. 


7)  Because  of  its  size,  the  hydrophone  can  be  dropped  from 

the  ceiling  of  the  test  gear  box  to  pick  up  the  noise  emitted 
from  the  gear  mesh  region. 


Along  with  the  hydrophone  a  charge  amplifier  is  needed  to  condition 
the  signal  before  input  into  the  analyzer.  The  charge  amplifier  selected 
for  the  accelerometer  can  be  employed  for  this  purpose.  The  cost  of  the 
hydrophone  alone  is  $952.00. 


Strain  Rosettes  and  Slip  Ring 

In  order  to  measure  the  shaft  torsional  strain  and  bending,  strain 
rosettes  and  a  slip  ring  were  selected.  The  strain  rosettes  are  installed 
diametrically  opposed  on  the  shaft  (with  the  3/8  in  axial  hole;  see 
Shafts)  of  the  test  section  gear  box.  The  leads  of  the  rosettes  are 


5  dB  down  Q  25  KHz 


Figure  3.3  Frequency  Response  in  Air  of  Bruel  and  Kjaer  Hydrophone 
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brought  through  the  axial  hole  and  wired  to  the  slip  ring  which  is  mounted 
on  the  end  of  the  shaft.  The  selected  gages,  manufactured  by 
Micro-Measuremetns  Group,  are  three  element  45  deg  rosettes  that  are 
designed  to  measure  both  torque  variations  and  bending.  In  addition,  the 
gages  have  the  following  desirable  characteristics: 

1)  They  have  a  strain  range  of  +  5%. 

2)  The  fatigue  life  of  these  gages  is  greater  than  105  cycles 
at  a  strain  level  of  +  1500  x  10‘6. 

3)  They  are  self - temperature  compensated  and  have  a  temperature 
range  of  -100  to  +400 "F. 

4)  They  are  designed  for  quick  and  easy  installation.  The  lead 
wires  are  directly  soldered  to  the  copper-coated  solder  tabs 
of  the  gages. 

5)  The  gage  resistance  is  350  +  0.4%. 

The  price  of  each  three-element  45  deg  rosette  is  $95.00.  The 
selected  slip  ring  is  manufactured  by  IEC  Corporation.  The  maximum 
operating  speed  of  the  slip  ring  is  7000  rpm.  But,  with  the  proper  freon 
cooling,  it  can  exceed  its  maximum  operating  limit.  The  slip  ring  is 
mounted  on  the  end  of  the  shaft  via  steel  studs  (similar  to  the  technique 
used  to  mount  the  accelerometer).  It  is  equipped  with  8  rings  (4  for 
bending  and  4  for  torsion)  to  accommodate  the  leads  from  the  strain 
gages.  The  price  of  the  IEC  slip  ring  is  $1550.00. 


3.1.  Electrooptical  Techniques 

In  order  to  accommodate  the  non- intrusive  electrooptical  techni¬ 
ques,  such  as,  Laser  Doppler  Velocimetry  (LDV)  and  Laser  Doppler 
Vibrometry  (LDV) ,  the  test  section  gear  box  is  equipped  with  4  plexiglass 
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viewports.  These  viewports  allow  beams  from  coherent  laser  sources  to  be 
inserted  at  the  point  (gear  mesh  region)  where  certain  measurements  are 
specified. 


4.0  ASSEMBLY  DRAWINGS 

i 

i 

|  This  section  provides  the  drawings  for  the  Four  Square  Gear 

Tester.  The  front,  top,  and  side  view  of  the  test  section  are  shown  on 
the  following  pages.  This  section  also  provides  the  top  and  side  view  of 
the  drive  section. 

The  drawings  are  done  to  1/2  scale  and  the  dimensions  are  in 


inches . 
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5.0  EQUIPMENT  LISTS  AND  COSTS 


This  section  provides  the  price  list  for  the  selected  mechanical 
components,  lubrication  system,  standard  instrumentation  system,  and  wide 
flange  beams  and  steel  plates  (for  the  test  and  drive  section  stand). 

The  total  cost  of  the  selected  mechanical  components  and 
lubrication  system  is  $32,384.12.  If  the  cost  of  the  instrumentation 
system  and  wide  flange  beams  and  steel  plates  are  taken  into  account,  the 
total  expenditure  for  this  project  increases  to  $42,883.99. 


i 

i 

i 

I 


i 


The  Price  List  for  the  Mechanical  Components 
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6.0.  CONCLUSIONS 


The  four  square  method  is  perhaps  the  most  effective  means  of 
investigating  sources  of  gear  noise  and  vibration.  Due  to  the  simplicity 
of  its  arrangement,  it  was  possible  to  design  the  Four  Square  Gear  Tester 
with  a  high  degree  of  accuracy.  A  substantial  effort  was  made  in 
selecting  components  with  low  levels  of  noise  and  vibration.  Hence,  it 
now  appears  possible  to  measure  and  study  gear  noise  due  to  dynamic  loads 
and  fluid  dynamics  without  being  pre-occupied  with  extraneous  noise 
sources,  created  by  the  components,  which  tend  to  mask  the  basic  noise  and 
vibration  sources  in  the  gears. 

The  designed  test  apparatus  is  strictly  for  light  load  testing. 

The  intensity  of  tooth  loading  or  K-factor  should  be  kept  within  70  psi. 
Therefore,  a  10  hp  motor  can  be  used  to  drive  the  gears,  and  thus,  keep 
the  cost  of  building  the  machine  to  within  $25,000  to  $30,000.  It  is 
important  to  bear  in  mind  that  this  design  is  in  the  exploratory  stage  and 
hence,  design  changes  will  have  to  be  made  to  accommodate  unforseen 
problems . 
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APPENDIX  A 

Dayco  V-Belt  Drive 

The  following  page  provides  the  complete  drawing  of  the  driven  pullev 
(pitch  diameter  of  2.25")  of  the  Dayco  belt-drive.  The  shop  drawing  was 
provided  by  the  Browning  Manufacturing  Division  of  Emerson  Electric 
Company  (one  of  the  distributors  of  Dayco  produts).  Appendix  A  also 
provides  a  schematic  of  the  Dayco  V-belt,  and  driver  pulley  and  its 
matching  bushing. 
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APPENDIX  B 

Gear  Mount 

This  Appendix  consists  of  the  following: 

1.  Assembly  drawings  of  the  gear  mount  set-up, 

2.  The  complete  drawing  of  the  clamp  plate;  and 

3.  The  complete  drawing  of  the  bushing. 


title. :  clamp  plate 
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The  Test  and  Drive  Section  Housing 

The  test  and  drive  gears  are  housed  in  identical  rectangular 
stainless  steel  (type  304  L)  boxes.  These  gear  boxes  are  a  welded1  fabri¬ 
cation  and  mounted  on  top  of  their  respective  steel  bases  via  1/4  in 
hexagonal  bolts  and  dowel  pins  (to  hold  the  boxes  in  alignment).  To 
observe  the  gears,  the  test  section  housing  incorporates  plexiglass  view¬ 
ports  through  which  the  test  gears  can  be  inspected.  The  viewports  also 
enable  the  application  of  non- intrusive  electrooptical  techniques  such  as 
Laser  Interferometry  and  Laser  Vibrometry.  Each  box  is  equipped  with  a 
spray  nozzle  and  oil  pan  (to  collect  the  spent  oil).  The  oil  pan  is  also 
a  weld  fabrication  and  is  located  at  the  base  of  the  housing.  The 
dimensions  of  the  pan  are  such  that  it  provides  a  snug  fit. 

As  shown  on  the  following  pages,  0- rings  (1/4  in  in  diameter)  are 
provided  for  each  box  so  that  the  entrance  of  contaminants  is  precluded. 

The  0-ring  seals  also  prevent  the  sprayed  oil  from  escaping  the  box. 

0-r5.ng  sealing  is  also  found  at  all  viewport  locations.  Here,  the  ring 
grooves  are  embedded  in  the  plexiglass  itself.  It  is  recommended  that  a 
1/8  in  0-ring  be  used  at  all  viewport  locations.  This  Appendix  provides 
the  proper  groove  dimensions  (for  both  the  box  and  plexiglass  cover)  to 
hold  the  rings  in  place  and  ensure  safe  operation.  At  a  later  date,  a 
special  shaft  seal  material,  that  has  a  rubbing  speed  of  3240  fpm,  will  be 

selected.  It  is  of  vital  importance  that  the  seal  material  will  not  burn 

'it  is  advised  that  inert  gas  shielded  electric  arc  welding 
processes  be  used  for  best  results  as  no  fluxes  are  involved,  thus  reducing 
the  danger  of  oxide  trapping. 
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or  get  up  to  ignition  temperature;  since  there  will  be  oil  fumes  in  the 
gear  box  and  hence,  the  danger  of  explosion. 

Appendix  C  also  consists  of  the  following: 

1)  The  complete  drawings  of  the  test  and  drive  section  housing, 

2)  The  complete  drawings  of  the  test  and  drive  section  oil  pan, 

3)  The  complete  drawing  of  the  plexiglass  cover;  and 

4)  The  dowel  pin  dimensions. 
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APPENDIX  D 

The  Drive  and  Test  Section  Stand 

The  Drive  Section  Stand 

The  drive  section  stand  is  a  fabricated  steel  frame  structure  that 
is  designated  to  support  all  of  the  components  of  the  drive  section, 
including  the  drive  motor,  drive  pulley  and  belt  assembly,  and  gear 
casing.  Also  mounted  on  top  of  the  support  frame  structure  are  the 
components  of  the  pressure-spray  lubrication  system  (with  the  exception  of 
the  test  section  spray  nozzle)  and  air  bearing  accessories,  such  as,  the 
air  compressor  and  air  tank.  The  steel  stand  itself  is  mounted  on 
vibration  isolation  pads  to  reduce  any  cross  influence  between  the  stand 
and  other  stands  within  the  laboratory. 

The  drive  section  stand  is  a  97  x  61  x  25  in  steel  stand  consisting 
of  parallel  wide  flange  beams  which  are  separated  by  four  cross  members 
that  contribute  to  the  total  resistance  to  deflection.  The  cross  members 
are  equally  spaced  and  welded  to  the  beams.  Furthermore,  rectangular 
steel  plates  are  welded  and  bolted  to  the  beams  to  improve  torsional 
resistance.  The  drive  section  stand  is  designed  to  accommodate  a  net  load 
of  5000  lbs  (the  total  weight  of  the  components  that  make  up  the  drive 
section  is  far  below  this  value).  Following  the  procedures  outlined  in 
reference  27  the  corresponding  lateral  and  torsional  deflection  of  the 
stand  are  0.0096  inches  and  0.00177  degrees,  respectively.  The  torsional 
deflection  of  the  stand  was  calculated  without  considering  the  welded 
steel  plates.  The  torsional  rigidity  of  the  stand  is  much  higher  when  the 
beams  are  boxed  in. 


Test  Section  Stand 


The  test  section  stand  is  also  a  fabricated  steel  frame  structure 
and  supports  the  test  section  components.  Since,  only  the  test  gear  box 
is  mounted  on  top  of  the  stand,  the  test  stand  is  much  smaller  than  the 
drive  stand.  Here  again,  the  stand  is  mounted  on  isolation  pads  to 
eliminate  or  reduce  cross  talk  between  the  stand  and  other  stands  within 
the  laboratory.  The  test  stand  was  also  designed  to  accommodate  the 
proposed  electrooptical  techniques. 

The  design  of  the  test  stand  is  very  much  parallel  to  the  drive 
stand.  It  is  a  49  x  37  x  25  in  steel  stand  and  is  composed  of  parallel  W 
beams  and  steel  cross  members.  Alike  the  drive  stand,  the  beams  are  boxed 
in  for  torsional  rigidity.  The  test  stand  employs  W  beams  of  the  same 
designation  as  the  drive  stand  to  support  the  imposed  load.  As  a  result, 
it  was  possible  to  design  the  stand  to  accommodate  5000  lbs  (the  net 
weight  of  the  test  section  components  is  way  below  this  value) .  The 
corresponding  lateral  and  torsional  deflection  of  the  stand  are  0.0048 
inches  and  0.00177  degrees  (not  considering  the  welded  plates), 
respectively. 


Leveling  Stand  for  Both  Drive  and  Test  Stand 

The  leveling  stand  is  a  welded  fabrication  that  is  bolted  to  the 
side  plates  of  both  the  drive  and  test  stand.  It  was  specially  designed 
to  accommodate  the  selected  vibration  mount  shown  on  the  following  page. 

As  shown,  the  spring  type  mount  consists  of  an  all -thread,  dual  nut,  and 
neoprene  acoustical  pad.  By  adjusting  the  nut  it  is  possible  to  level  the 
stands  to  the  desired  specification  and  hence,  reduce  shaft  angular  and 
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parallel  misalignment.  This  particular  mount  is  designed  to  support  6000 
lbs.  The  corresponding  lateral  deflection  of  the  spring  is  one  inch. 

The  complete  drawings  of  the  test  and  drive  section  stand  and 
leveling  stand  are  provided  in  this  Appendix.  Also  provided  are  the 
dimensions  of  the  wide  flange  beam. 
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APPENDIX  E 


Block  Diagram 

This  Appendix  consists  of  block  diagrams  showing  the  locations  of 
test  and  drive  section  components  on  top  of  their  respective  steel  stands. 
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